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ABSTRACT

Cavitation and Film Formation in Hydrodynamically Lubricated Parallel Sliding
Contacts

Cavitation influences the pressure distribution in hydrodynamically lubricated contacts and therefore
also the load carrying capacity. Film formation in parallel sliders is investigated experimentally and
numerically by focusing on its relationship with cavitation.

Friction torque, contact temperature and film thickness measurements are conducted on textured and
non-textured rectangular face seals. The textured seals have bidirectional structures (‘T-shape’
structures) on their axial faces. It is found that the textured seals have a better performance. The friction
torque and the contact temperatures of the structured seals are lower at high speeds.

Cavitation is observed and film thickness measurements are performed by using the laser induced
fluorescence method. Cavitation forms in the divergent zones of the structures for the structured seals.
Cavitation is randomly distributed over the seal interfaces of the standard seals and it seems to occur
due to macro and micro surface irregularities. The cavitation area ratio increases rapidly with speed in
the mixed lubrication regime. In the hydrodynamic regime, the change in cavitation with speed becomes
small. Both the film thickness and the cavitation area ratio decrease with increasing sump temperature
and pressure. There is a strong correlation between lubricant film thickness and cavitation.

Local contact temperatures over the sealing contact are observed via infrared thermography. The
structured seals heat up near cavitation zone. The standard seals warm in patches on their axial faces. It
is observed that structuring can generate cooling effect.

Hydrodynamic film formation is modelled based on cavitation by a mass conservative Jakobsson-
Floberg-Olsson cavitation model solved using the Fischer-Burmeister-Newton algorithm. The
numerical results are validated via the experiments. Influences of structuring, macro surface
irregularities, waviness, radial taper, and cavitation pressure are investigated. Experimental and
numerical results correlate well in the hydrodynamic regime when realistic contact temperatures and
realistic cavitation pressures are taken into account. It is shown that surface structuring can generate a
considerable hydrodynamic load support. The manufactured surfaces of the seals influence pressure
generation and cavitation. Therefore, it is necessary to consider the manufactured surfaces to predict the
cavitation and film formation accurately. For the current application, surface structures are found to be
more dominant on film formation than waviness and radial taper. A variation of the cavitation pressure
showed that increasing cavitation pressure can result in higher film thicknesses and lower cavitation
sizes. Comparison of these results with the results from optical experiments enabled a prediction of a
feasible cavitation pressure for the system.

Furthermore, the implementation of the numerical model for other applications is described. Surface
structuring of a vane pump is analysed. Here, dimple like structures are investigated. The numerical
model is further extended and roughness is considered in the application of nominally flat sliding
contacts. Thus, first attempts to understand the influence of roughness on film formation and inter-
asperity cavitation are described.



ZUSAMMENFASSUNG

Kavitation und Schmierfilmverhalten in geschmierten hydrodynamischen
parallelen Kontakten

Kavitation beeinflusst die Druckverteilung und den Schmierfilmaufbau in hydrodynmaischen
geschmierten Kontakten und somit auch das Lasttragvermdégen. In der vorliegenden Arbeit wird der
Schmierfilmaufbau in nominell parrallelen Gleitkontakten mit dem Schwerpunkt Kavitation
experimentell und numerisch untersucht.

Das Reibmoment, die Kontakttemperaturen und die Schmierfilmdicke wurden in strukturierten und
unstrukturierten Rechteckdichtungen gemessen. Die strukturierten Dichtungen waren heribei mit T-
formigen Strukturen in der axialen Kontaktflache versehen. Die Experimente zeigten hierbei, dass die
strukturierten Dichtungen niedrigere Reibung lieferten. Hierbei zeigten sich besonders bei hdheren
Geschwindigkeiten niedrigere Reibmomente und korrelierende niedrigere Kontakttemperaturen im
Vergleich zu unstrukturierten Dichtungen. Mithilfe Laser induzierter Fluoreszenz (LIF) wurde die
Kavitation optisch betrachtet und die Schmeirfilmdicke gemessen. In strukturierten Dichtkontakten
konnte eine Konzentration der Kavitation innerhalb der divergierenden Strukturhélften beobachtet
werden. In den unstruktureierten Dichtungen wurde Kavitation in Kleinen zufallig verteilten Bereichen
auf der Oberflache erkannt. Hierbei konnten die Orte Unregelmé&Rigkeiten der Oberflache, sowohl
Makro- und Mikroskopisch, zugeordnet werden. Der Anteil der Kontaktflache auf der Oberflache steigt
mit steigender Geschwindigkeit im Bereich der Mischreibung an. Im Gebiet der Vollschmierung findet
die Ausbreitung nicht mehr mit derselben Geschwindigkeitsabhdngigkeit statt. Sowohl
Kavitationsausbreitung als auch Schmierfilmdicke sind hierbei von der Schmierstofftemperatur
abhanging und nehmen mit steigender Temperatur ab. Die Schmierfilmdicke korreliert hierbei mit dem
Kavitationsanteil auf der Oberflache der Dichtungen. Weiterhin wurden zur Beobachtung der lokalen
Effekte Messungen mittels Inrarotthermografie durchgefihrt. Somit wurde die Entstehung und
raumliche Verteilung der Erwédrmungen im Kontakt ermittelt. Hierbei zeigte sich in den strukturierten
Dichtungen eine Erwdrmung im Bereich, der dem Auftreten der Kavition entspricht. Unstrukturierte
Dichtungen erwarmten sich in Flecken, die Uber den gesamten Kontaktbereich verteilt waren.

Eine numerische Modellierung der Kontakte wurde durchgefiihrt. Hierzu wurde die Reynoldsgleichung
mit dem masseerhaltendenden Kavitationsmodell von Jakobsson-Floberg-Olsson genutzt, welches
mittels Fischer-Burmeister-Newton Algorithmus geldst wurde. Die Ergebnisse wurden mit den
Experimentellen Ergebnissen abgeglichen und validiert. Anschliefend wurden Effekte und Einfllisse
einzeln und detaillierter betrachtet. Es wurden die Einflisse der Strukturierung, makroskopischer
Oberflacheneigenschaften, Welligkeit, Verkippen der Dichtung und Kavitationsdruck untersucht. Bei
Einbeziehung der gemessenen Kontakttemperaturen konnten die gemessenen Schmierfilmdicken gut
abgebildet werden. Es konnte gezeigt werden, dass die Strukturierung einen hydrodynmaischen
Druckaufbau  begunstigt. ~ Weiterhin  konnte  gezeigt  werden, dass  makroskopische
Oberflachenabweichungen die Kavitationsbildung und damit den Druckaufbau deutlich beeinflussen.
Es ist zur genaueren Vorhersage der Schmierfilmbildung in derartigen Systemen notwendig diese
Makroabweichungen zu beriicksichtigen. In den untersuchten strukturierten Dichtungen Gberwiegen die
Effekte der Strukturen Uber den durch Welligkeit und Verkippung der Dichtung erzeugtem
Druckaufbau. Aus der Studie des Kavitationsdruckes konnten in Verbindung mit den Experimenten
realistische Werte ermittelt werden. Es wurde die Beeinflussung des Schmierfilmaufbaus gezeigt durch
den Kavitationsdruck gezeigt.

Die Anwendung des numerischen Modells auf weitere technische System wurde erarbeitet. Hierbei
wurde der Einfluss von Strukturen bei einer Fllgelzellenpumpe gezeigt. In der Anwendung einer
nominell parallelen Gleitpaarung wurde eine Erweiterung zur Berlicksichtung der Rauheiten erstellt.
Hierbei werden die Wechselwirkungen zwischen Rauheit und Kavitation sowie deren Beitrag zur
Schmierfilmbildung herausgearbeitet.
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INTRODUCTION

1 INTRODUCTION

The largest quantities of energy are used by industry (29 %) and in transportation (27 %) [184]. In
passenger cars, one-third of the fuel energy is used to overcome friction in the engine, transmission,
tires, and brakes [185]. Energy losses due to friction and wear could potentially be reduced by 40% in
the long term (15 years) and by 18% in the short term (8 years) via reducing friction losses and wear
[186]. In order to reduce friction and wear, classically, the mating surfaces of the machine elements are
often lubricated.

The contact between the machine elements can vary depending on its geometry. This will also influence
the behaviour of the lubricant in the contact. Basically, when a viscous fluid is flowing in a wedge like
gap, pressure can occur within the lubricant due the gap geometry and viscosity property of the lubricant.
This pressure can be so strong that the mating surfaces can be separated by the lubricant. Consequently,
friction and wear will decrease.

The contact between macroscopically flat surfaces is called ‘parallel sliding contact’. This type of
contact is very common in industry and will also be important in future developments of rotating
machinery. Film formation in parallel sliding contacts has been an interesting subject since decades. The
reason is these contacts do not have the prior feature to generate a lubricant film: ‘gap height variations’.
Different theories have been suggested to explain the hydrodynamic pressure generation in such
contacts. Basically, the pressure generation is attributed to the other surface features such as roughness
and surface deviations. While explaining the working mechanism of these features, the role of cavitation
is pointed out. Cavitation is simply occurrence of gas/vapour bubbles within the lubricant when the
pressure is decreased to cavitation pressure. Although cavitation has been studied for a long time, there
are still open questions. Modelling cavitation is complex. In the literature, there are different cavitation
models. The validation of these models is generally performed via observing surfaces with dimples. The
detailed observation of cavitation is limited in literature. A detailed work about cavitation and the
influences of different contact features on cavitation would still contribute substantially the numerical
modelling world.

On the other hand, some surface optimization methods such as surface texturing have recently become
popular to decrease friction and wear. Surface texturing has shown efficient impact in friction reduction.
Features of the surface textures depend on the application. In order to design the optimum structure, it
is important to understand the working mechanism of the structures. There are different theories to
explain this mechanism. The most outstanding one is cavitation theory. Both the physical understanding
of the lubrication mechanism and numerical modelling may help to enable a further optimisation of such
contacts. This would allow for a friction reduction in the applications of such mechanical elements as
well as open the possibility of developing novel solutions for sliding contact problems. Therefore, a
detailed experimental and numerical investigation of surface structuring by considering cavitation
mechanism is presented in this work.

2 STATE of the ART

2.1 CONFORMAL and NON-CONFORMAL CONTACTS

Tribological contacts can be categorized as conformal or non-conformal contact (Figure 2.1). When the
mating surfaces fit relatively well into each other geometrically, the contact between those surface is
categorized as a conformal contact. In these contacts, the load is supported by a large area compared to
the lubricant film thickness [1]. Mating convex and concave surfaces generally result in a conformal
contact. A classical example of this case is journal bearings (Figure 2.3). The radial clearance between
the bearing and the journal is about one-thousandth of the journal diameter. The load is carried over the
length of the bearing and approximately half of the circumference [2]. As the load is increases, the load
supporting area does not change significantly. For these contacts, coefficients of friction are in order of
102
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Figure 2.1: Conformal, non-conformal contacts and macroscopically flat surfaces.

In non-conformal contacts, the mating surfaces do not conform each other. This usually happens
between two convex surfaces. The load is carried by a small lubricated area. This contact area increases
with the load. Typically, the pressure generated in the contact area ranges from 0.5 to over 3 GPa with
a friction coefficient in order of 10 to 10 [2]. Such high pressures in small contact area are capable to
deform the surfaces elastically. In addition, the high pressures in the contact lead to an increase of several
orders of magnitude in the lubricant viscosity.

The contact between two nominally flat surfaces can be classified as a conformal contact in geometry.
However, elasticity may cause local non-conformal behaviour.

2.2 FRICTION

Friction is the force which is resisting the relative motion of objects. When dry contacts are considered,
friction can be static or kinetic friction. Static friction occurs between stationary objects while Kinetic
friction occurs when the objects are moving relative to each other. Friction is a phenomenon takes place
a lot in daily life from simple to complex issues. While walking, the foot pushes on the ground. If there
would not be any static friction, the foot would slide backwards such as in walking on ice. However,
static friction force resists sliding backwards and forward motion becomes possible. On the other hand,
while pulling an object over the ground, kinetic friction occurs between the surfaces and additional,
useless effort is required.

Friction is investigated since early times. The friction occurring in tribological contacts can be classified
by the contact pairs and mechanisms involved [3]. Basically, friction can be divided into four categories:
dry friction, which occurs between sliding bodies without additional layers or lubricants; boundary
friction (i.e., friction between boundary layers or ultra-thin lubricant films) and, mixed and fluid film
lubrication where friction originates partially (mixed lubrication) or fully (fluid film lubrication) within
a fluid film separating friction pairs [3,4].

In dry friction, friction is the result of adhesive forces and deformations [3]. The laws of dry friction
were suggested by Amontons (1663-1705) and Coulomb (1736-1806):

e The friction force (Fy) is directly proportional to the applied normal load (w).
e The friction force is independent of the apparent sliding contact (A).
e The kinetic friction force is independent of the sliding velocity (us).

According to these laws, the friction force in dry contacts can be calculated as:

Here, f is the coefficient of friction. However, these laws are a rough approximation. In contrast to
Amontons, Coulomb differentiated between material couples, where the dry friction laws are a good
approximation, and other, where there are significant deviations from the dry friction laws [5]. Overall,
the classical laws are useful for engineers to deal with dry sliding contacts. However, the generalized
laws of friction, including the dependencies on different factors such as normal force and the shape,
remain hot topics in modern tribology [5,6].
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In industry, friction is useful for the systems such as brakes, tyres, etc. However, friction has also
negative effects such as energy losses. One-fourth of the global energy and material losses result from
friction and wear [7]. Lubrication is used as an effective method to reduce friction and wear.

2.3 FRICTION IN LUBRICATED CONTACTS
There are three basic friction regimes in lubricated contact bodies [3,4]:

e Boundary friction: This type of friction occurs when the lubricant film thickness is smaller than 10
atomic layers or two rubbing surfaces separated by a lubricant layer interact with each other due to
asperities. There is no load carrying hydrodynamic lubricant film. Therefore, the friction is governed
by mechanical interaction between the boundary layers and possibly the shearing of ultra-thin
lubricant films between asperities.

e Mixed friction: A hydrodynamic film starts to form. However, there are still some asperities in
contact. The load is carried both by the asperities and the lubricant film. Therefore, friction is the
result of mechanical interactions of the asperities and shearing losses in the lubricant.

e Fluid friction (full film friction): The rubbing bodies are fully separated by a lubricant. The friction
occurs only due to the shearing of the lubricant.

The behavior of the friction in lubricated contacts including these friction regimes was described by
Stribeck around 120 years ago [8]. Today, the dependency between the coefficient of friction as a
function of speed, contact pressure and viscosity is known as Stribeck curve [9,10]. Figure 2.2 shows a
Stribeck curve which is obtained by plotting the coefficient of friction with respect to Hersey number.
Hersey number is a dimensionless number which is the dynamic viscosity of the fluid (x) times the
entrainment speed of the fluid (u), divided by the normal load per length of the contact (P). At low
Hersey numbers, the coefficient of friction is high and boundary friction occurs due to low film
thickness. With increasing Hersey number, the coefficient of friction decreases as the lubricant film
builds up. The lubrication regime becomes mixed lubrication regime. The minimum coefficient of
friction occurs in mixed lubrication. Later on, the lubricant film becomes thick enough to separate the
friction surfaces completely and full film lubrication occurs. The coefficient of friction increases again
as the film thickness increases. It should be noted that, when Stribeck curve is plotted for a lubricated
perfectly smooth plain surface with a wedge shaped geometry, the coefficient of friction would start
from zero and increase rapidly with increasing Hersey number. In such a contact, the entrainment of the
lubricant separates the surfaces directly since there are no asperities and dry contact does not occur.
Therefore, the coefficient of friction curve becomes as so called ‘smooth surface assumption curve’ in
Figure 2.2. This curve and the classical Stribeck curve coincide in the hydrodynamic zone.
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Figure 2.2: Schematic of Stribeck curve [3].



REYNOLDS EQUATION

While Hersey [11] showed that hydrodynamic friction is a function of uu / P, the situation in non-
conforming contacts, such as are present in rolling element bearings and gears is different [12,13]. The
machine elements with a non-conforming contact operate in the elastohydrodynamic regime at moderate
to high speeds. In this region, the coefficient of friction tends to be independent of viscosity and reaches
a constant limiting value [12]. In addition, the film thickness varies only marginally with load [12].
Therefore, researchers suggested lambda ratio (4) which is the ratio of film thickness (h) to composite
surface roughness (o™):

h h
A== == 2.2
RCET 2

Here, o,and o, are the surface roughness of the friction pairs. The lubrication in sliding contacts can be
characterized via A.Classically, A > 3 indicates full film lubrication; 1 < A < 3 indicates mixed
lubrication; A < 1 indicates boundary lubrication. However, A is not suitable as well to determine the
lubrication regime under some circumstances (non-Newtonian fluid, consideration of thermal effects,
etc.) [14]. It is shown that surface roughness deforms under very high pressure and this deformation
depends on the operating conditions [15]. Because of such reasons, researchers continue to investigate
different parameters to identify the lubrication regimes [13,16].

2.4 FULL FILM LUBRICATION

Full film lubrication can be divided into hydrodynamic and elastohydrodynamic lubrication.
Hydrodynamic lubrication (HL) generally occurs in conformal contacts. In this lubrication, viscosity of
the lubricant, relative motion and the geometry of the surfaces lead to separation of the surfaces by a
lubricant film. Basically, if the gap between the surfaces is converging in the sliding direction, the fluid
adhering to the moving surface will be dragged into the narrowing clearance space, thus building up a
pressure sufficient to carry the load [17]. The operation of a lot of machines and vehicles relies on the
HL mechanism (Figure 2.3).

N Bearing *Load *Load *Load
Lubricant
Journal / shaft &N
Static
b)

Runner

Oil

Tilting Pad

Pivot

(Courtesy of Kingsbury) Base

Figure 2.3: Machine elements and vehicles operating based on HL principle: a) journal bearing, b) tilting
pad thrust bearing [19], ¢) ground effect aircraft / SM-6 [20].

Elastohydrodynamic lubrication (EHL) often occurs in non-conformal contacts. The small contact area
results in a high contact pressure which is about 1000 times more than the lubricant film pressure of HL
[10, 18]. Therefore, the elastic deformation of the surfaces cannot be neglected. This elastic deformation
is often significantly greater than the minimum film thickness. The contact area increases as a result of
the elastic deformation. Consequently, a gap occurs for the lubricant to pass through. In addition, the
increase in the lubricant viscosity due to high pressures leads to an increase in the load carrying capacity
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and keeps the lubricant from flowing out of the contact [1]. Proper functioning of rolling element
bearings, gears and human joints etc. relies on EHL.

25 HYDRODYNAMIC LUBRICATION MODELLING

The thin fluid film flow between two solids was first described mathematically by Reynolds in 1886
[21]. Now, his equation which is so called Reynolds equation is the basis of lubrication theory. Reynolds
equation can be derived from the momentum equations and the continuity equation. Momentum
equations are known as Navier-Stokes equations and are based on the principle of conservation of
momentum. Continuity equation is based on the principle of conservation of mass [22].

2.5.1 REYNOLDS EQUATION
The following assumptions are made to derive Reynolds equation:

1)
2)

3)
4)

5)
6)
7)

8)

The fluid is Newtonian.

There is no slip on the interface between fluid and solid surfaces. Therefore, the lubricant velocity
is equal to the velocity of the solid surface on the interface.

The fluid inertia is negligible.

The lubricant flow is laminar. This assumption is related to the thin film characteristic of lubricated
contacts, which yields flows with very small Reynolds numbers (Re), i.e. the inertia effects are
negligible in comparison with viscous behaviour [23]:

_pu L

=

Body forces such as gravity and magnetic forces are negligible.

The film is thin. The pressure variations across the film are negligible (Z—: = 0).
Viscosity remains the same across the lubricant film thickness. This assumption is for mathematical
convenience [22].

The film thickness is negligible compared to the radius of the bearing surface. Therefore, curvature
effects are negligible.
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Figure 2.4: Thin fluid film bounded by the surfaces and the kinematic variables.

For the thin film shown in Figure 2.4, the generalized Reynolds equation can be written as:

0 (Lhaa_?’)+ 9 (Lhaa_?’)_i(w)Jr 9 (M)
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Poiseuille term Couette term (2.4)
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Eqg. (2.4) can be rewritten by neglecting the side leakage term (%) and with the detailed Couette term
[24]:
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Poiseuille term (pressure flow): This is the lubricant flow induced by the pressure gradients within the
lubricant.

Couette term: This is the lubricant flow induced by the surface velocities. It can be subdivided as [24]:

e Density wedge: This term considers the flow rate at which the lubricant density changes in the
sliding direction. The decrease of the density in the sliding direction can generate positive
pressure. This effect can be obtained by increasing the temperature of the lubricant as it passes
through the gap. This term is called thermal wedge as well. This mechanism is not important
for most of the systems. It has been suggested that it might be important for the macroscopically
parallel surfaces, where the major pressure generating actions are absent.

e Stretch: This term considers the flow rate at which surface velocities change in the sliding
direction. This effect occurs when the surfaces are elastic and the extent to which the surfaces
are stretched varies through the bearing. This term is negligible for conventional plain bearings.

e Physical wedge: This is the main term for pressure generation. When the surface geometries
result in a wedge like gap, there would be different Couette flow rate at each section due to
variable h along the gap. Flow continuity can be achieved only if a balancing Poiseuille flow
is superimposed. If the lubricant film decreases in the sliding direction, a positive load carrying
capacity can be obtained.

Normal squeeze term: This is a term as important as the physical wedge term for lubrication. It results
from the difference in normal velocities (W, — W;). This term generates a fluid cushioning effect when
the surfaces tend to be pressed together.

Translation squeeze term: This occurs due to the translation of inclined bearing surfaces.

Local expansion term: Lubricant flow is induced with the effects related with the lubricant
compressibility [23]. In this term, the pressure generating mechanism can be simply described as the
thermal expansion of the lubricant between the stationary surfaces.

Reynolds equation shows that kinematic and geometric features and, lubricant properties (u, p) are
important for hydrodynamic lubrication.

2.5.2 HYDRODYNAMIC CAVITATION in FLUID FILMS

The hydrodynamic pressures which are calculated via the Reynolds equation may reach negative values
(relative pressures). Sommerfeld solved the Reynolds equation for a journal bearing and obtained the
pressure distribution along the bearing circumference. He assumed that the bearing is long (L/D >> 1,
L= axial length, D= diameter) hence, the film pressure is constant in the axial direction. In addition, he
assumed that the whole bearing clearance is full of lubricant [25]. His method is known as Sommerfeld
full film condition. This method leads to negative pressures in the divergent gap (Figure 2.5). The
positive and the negative pressures are symmetrical hence, there is no net positive lubricant lifting force
for a non curved contact surface. In addition, the negative pressures mean that the lubricant is subjected
to high tensile stresses. However, it is not very likely that the liquids can sustain large tensile stresses.
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When the pressure becomes very low, the lubricant film ruptures and this results in cavities filled with
a mixture of liquid and gasses/vapours. This phenomenon is called cavitation. Cavitation can be
categorized as [26]:

Gaseous cavitation: Many liquids contain dissolved gasses. As the liquid pressure falls below the gas
saturation pressure (Pgassat), the dissolved gasses escape out and diffuse into gaseous bubbles. This type
of cavitation shows a stable behaviour. It is predominant in the systems operating under steady state or
low transient conditions [23].

Pseudo cavitation: it is a form of gaseous cavitation during which the gas bubble expands due to its
surrounding depressurization without further gas mass diffusion from liquid to gas phase.

Vaporous cavitation: It is the result of a thermodynamic non-equilibrium event when the pressure drops
below the vapour pressure (Psa) of the liquid at a given temperature. This type of cavitation bubble is
mostly filled by vapour of the liquid. It mostly occurs in systems operating at highly transient conditions.
It is not as stable as gaseous cavitation due to its thermodynamic nature. The forming process of
vaporous cavitation is generally followed by the growth and implosion of the bubble. During the
implosion, shockwaves, noise etc. can occur. Therefore, vaporous cavitation can damage the surfaces.

a) b) p#4Convergent  Divergent
zone zone
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Figure 2.5: a) A journal bearing under a load, b) full Sommerfeld pressure distribution along the journal
bearing circumference [26].

Cavitation influences the pressure distribution in the lubricant and thus, the load carrying capacity. In
addition, it might lead to severe damages in the lubricated systems as mentioned above. Many
researchers described the fundamentals of the cavitation mechanism and showed that cavitation plays
an important role in hydrodynamic lubrication [21,27-31].

Some recent works also investigated cavitation and the film buildup in parallel sliders by taking micro
and macro surface features into account. Harp et al. [32] investigated the effects of inter-asperity and
global cavitation on the lubricant film of lip and mechanical face seals. It is found that the inter-asperity
cavitation is important for small ratios of film thickness and RMS roughness. It leads to a higher load
support prediction in the numerical models for hydrodynamic lubrication with global cavitation.
Brunetiére et al. [33] worked on textured mechanical face seals. They showed that it is important to
consider cavitation to model hydrodynamic lift. Liu et al. [34] also analysed textured face seals
numerically and found that cavitation enhances hydrodynamic pressure generation. Hirayama et al. [35]
investigated the influence of cavitation on the static bearing characteristics of a spiral grooved journal
bearing. They reported that the numerically calculated load carrying capacity and pressure distribution
of the model with cavitation is significantly different from the one without cavitation. The numerical
results fit better to the experimental results when cavitation is considered. Yagi et al. [36] calculated the
load carrying capacity of a textured surface in hydrodynamic lubrication numerically by considering
cavitation. Influences of boundary conditions were investigated.

2.5.3 THEORETICAL MODELLING of CAVITATION

The cavitation bubble interface generates a discontinuity in the lubricant film and creates a challenge in
the solution of the Reynolds equation [26]. Therefore, different mathematical models have been
suggested by the researchers. In this section, basic cavitation models are described.
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2.5.3.1 HALF SOMMERFELD MODEL (GUMBEL’S MODEL)

The rupture of the lubricant film was first taken into account by Giimbel [37]. His approach is a very
simplistic way to deal with cavitation while solving the Reynolds equation. In this approach, a limit
cavitation pressure (pc4y) iS defined for cavitation. This limit can be equal to the vapour pressure of the
liquid or the gas saturation pressure of the dissolved gasses. The pressures equal to or lower than p.,,
are set equal to p.,y. In this theory, it is assumed that the cavitation occurs in the immediate vicinity of
the film’s minimum clearance and cavitation pressure (pc,y) prevails within the divergent zone (Figure
2.6).

Giimbel’s model does not consider the reformation of the lubricant film. It does not satisfy the mass
conservation principle of the lubricant flow on the cavitation boundaries. Because the method allows
only the positive pressures [26]. In addition, limiting the pressures with a cut-off like approach violates
the original conservative nature of Reynolds equation [23].
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Figure 2.6: Hydrodynamic pressure distribution along a journal bearing circumference based on
different cavitation models [23,26].

2.5.3.2 REYNOLDS MODEL (SWIFT-STIEBER MODEL)

Swift [39] and Stieber [38] independently suggested another approach for the film rupture. They
assumed the pressure gradients as zero on the cavitation boundaries (Figure 2.6). In addition, cavitation
pressure is constant within the cavitation zone. Reynolds boundary conditions can be written as
(according to the coordinates shown in Figure 2.7):

dp

==
Here, 7 is the direction normal to the cavitated boundary. According to this model, the Poiseuille flow
is zero in the axial and the circumferential direction within the cavitation region and the lubricant is
carried through the streamers via the Couette flow (Figure 2.7). Reynolds boundary conditions work
well at moderate loads [26, 40]. However, they only predict the rupture boundary of the film and not the
reformation boundary. While the mass conservation principle is satisfied on the rupture boundary, it is

P = Peav (in the cavitation zone) 0 (2.6)

8
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not fully enforced on the reformation boundary in this method. Reformation boundary occurs as the
pressure increases in the convergent zone. Also, it does not provide good results for dynamically loaded
bearings [26,41,42].

2.5.3.3 JAKOBSSON-FLOBERG-OLSSON (JFO) CAVITATION MODEL

Jakobbson, Floberg [43] and Olsson [44] proposed the most widely accepted cavitation model. It
assumes that the lubricant is carried through the streamers within the cavitation region as in the Swift-
Stieber model (Figure 2.7). However, this model enforces the mass conservation through the entire
cavitation zone together with the rupture and reformation boundaries. In this model, it is assumed that
the pressure within the cavitation zone is constant and equal to p.,,,. The film rupture starts when the
pressure derivative with respect to the normal direction is zero. These conditions can be written as [45]:

0
E)_?i = 0 (on the rupture front at steady state)  (2.7)

In addition, the boundary condition at the film reformation front is defined as [45]:

P = Pcav (In the cavitation zone),

h? ap V,

Here, 1, is the velocity vector (m/s) and 6, is the fractional film content (see next section). JFO
cavitation model provides realistic prediction of cavitation zones [46,47]. However, it is not easy to
implement JFO boundary conditions since cavitation is unknown a-priori (moving boundary problem).
Elrod and Adams [48,49] developed one of the first and the most widely used algorithms to implement
the JFO cavitation model developed. They incorporated the JFO model into a single Reynolds equation.
This method is a mass conservative algorithm and known as Elrod-Adams cavitation algorithm or p —
6 model.

Film rupture
y Sliding, U
x > N
. Liquid .
tzhgglirrllqess SR 'f’ Gas cavities
direction)

Figure 2.7: Cavities and liquid streams according to Swift — Stieber and JFO boundary conditions [26].

2.5.3.4 p— 60 FORMULATION of the REYNOLDS EQUATION
Elrod [48,49] defines a variable which is so called fractional film content (9):

p

pcav

0=

(2.9)

Here, p..v iS the fluid density at the cavitation pressure. The fluid density is denoted by p. A cavitation
index (g) is defined from a knowledge of 6:

g=0,0<1

g=1,021 (2.10)
This means that the cavitation index is zero within the cavitation zone, and unity elsewhere. The fluid
is slightly compressible. The relationship between the density and the pressure is described with the
fluid’s bulk modulus 8 = pdp/dp. Reynolds equation can be reformulated with the help of mass
conservation equations [50]:

9 (Peav 0 (Peav 5 ) U a(6h) 3(0h)
GX(:[Z‘LL ﬁ ) ay<12/’l ﬂ Pcav = 2 a + Pcav ot (211)
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The detailed derivation of eq. (2.11) can be found in [50]. Elrod’s method handles both cavitated and
non-cavitated zones with the help of g and 6 variables.

Many researchers have utilized Elrod’s method while dealing with cavitation. Some of them suggested
refinements and some developed new approaches based on Elrod’s concept [51-53]. Giacopini et al.
[54] presented a mass-conserving complementarity formulation of the one dimensional Reynolds
equation for the solution of cavitation problems with incompressible fluids. They assumed that the
density of the fluid is constant and equal to p, in the non-cavitated region. In the cavitated region, the
fluid cavitates by forming vapor and gas with a density p(x, t), which is always lower than or equal to
Po and which varies in both space and time. They defined the complementary variables p — 6 as:

0=1- p/po

p=0,6>0, pd =0 (2.12)

In the active region (non-cavitated), the pressure p is greater than or equal to zero and 6 is equal to zero
while in the non-active region (cavitated), the pressure p is equal to zero and 6 is greater than or equal
to zero. The one dimensional Reynolds equation is obtained as:

9] <h3 ap> oh oh a(6h) 12 a(6h)

ox\wox) "V T 25 U5 ot

(2.13)

This method looks similar to the Elrod’s method but there are important differences:

e In contrast to Elrod’s method, the variables in eq. (2.12) are complementary through the whole
domain. It should be noted that the 8 is defined in Elrod’s method as mass fraction. However, here
it is defined as the void fraction (cavity fraction).

e In Elrod’s work the relation between p and 6 is obtained via a switch function. Therefore, an if
statement has to be used in the numerical work. In Giacopini’s method, the relationship between p
and 0 is expressed in terms of complementarity as in eq. (2.12), which holds both in the lubricated
zone and in its cavitated counterpart. This eliminates the non-continuous problems and allows for a
more efficient solution without application of boundary conditions at the transition from lubricated
to cavitated region.

e The formulation of Giacopini results in a standard linear complementarity problem. This implies
that the problem is expressed in a form suitable for solution using readily available numerical
methods.

Bertocchi et al. [55] extended the method to two dimensional problems. Biancofiore et al. [56] developed
a model by using the complementarity formulation in the former references [54,55] to predict the
behavior of bearings in which both cavitation and slip at the wall occur. Woloszynski et al. [57]
developed an efficient algorithm based on the Fischer-Burmeister-Newton (FBN) method to solve the
complementarity formulation of the Reynolds equation. They showed that this algorithm reduces the
computational time. This method makes the transient analysis and the optimization of the contacts with
complex shapes computationally feasible. Based on this work, Biboulet et al. [58] developed an efficient
global grid refinement solver for the iso-viscous-rigid Reynolds equation with cavitation. In the
references [59-62], more works about the implementation of FBN based algorithms can be found.

In the current work, the cavitation problem is handled with complementarity variables and FBN
algorithm based on the works of Giacopini and Woloszynski [54,57].

2.6 PARALLEL SLIDERS

Parallel sliding contacts are common for machine elements such as face seals, lip seals, and thrust
bearings. The sliding surfaces may be macroscopically plain with a random micro geometry (e.g.
roughness or pores) or structured in a deterministic manner in order to improve the film formation of
either liquid media or liquid lubricants.

10
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According to the classical lubrication theory, the macroscopically plain parallel sliders have no load
carrying capacity unless there is squeeze motion. This is basically due to the lack of height variations in
the sliding direction. However, in parallel sliding contacts, it is possible to observe a Stribeck-type
transition from boundary to mixed lubrication and eventually to full film lubrication [63-65]. In order
to explain this, different explanations are suggested which can be categorized as: geometrical
imperfections of the surfaces, variation of the lubricant viscosity and, thermal and mechanical
deformations of the surfaces [66]. In the next section, some explanations are described.

2.7 LUBRICATION MECHANISMS of the PARALLEL SLIDING CONTACTS

2.7.1.1 DENSITY WEDGE

This mechanism is described in Chapter 2.5.1. It occurs due to temperature increase in the lubricant as
it passes a gap between two surfaces. The lubricant heats up due to viscous friction. As a result of
heating, the lubricant density decreases. Due to continuity, the mass flow rate must be constant therefore,
the volume flow rate must increase. This can cause a load carrying pressure. However, it is stated that
this pressure is not sufficient to reach the load carrying capacities which are observed in the experiments
[67,68]

2.7.1.2 VISCOSITY WEDGE

Viscosity wedge occurs due to temperature variations in the same way as the density wedge since
lubricant viscosity is related to the temperature. Therefore, the viscosity wedge often accompanies the
density wedge [68]. Cameron [69] investigated the viscosity wedge. He assumed that one surface which
is stationary has a constant temperature and the other surface, which is sliding, is colder at the inlet than
it is at the outlet. This will cause a variable viscosity across the film. Consequently, a greater volume of
fluid will attempt to enter than will attempt to exit [70]. This will generate a load carrying pressure. An
opposite configuration can lead to negative effects. A viscosity wedge can influence the load carrying
capacity more significantly than the density wedge since viscosity is more sensitive to temperature.

2.7.1.3 MICRO SURFACE FEATURES (SURFACE ROUGHNESS)

Lebeck [70] explained the influence of micro surface features on hydrodynamic lift as considering each
of them as a step bearing. According to this, pressure increases as the fluid flow approaches to an
asperity. After the flow reaches the asperity, the pressure decreases. For a symmetrical asperity, the
increase and the decrease in pressure would be anti-symmetrical and there would have been no
hydrodynamic lift. However, cavitation formation limits the pressure decrease as described earlier. Since
there is no such limit for the pressure increase, micro surface features can generate a hydrodynamic lift.

Orcutt et al. [72] observed cavitation streamers within the lubricant film and stated that they might be
related with surface roughness. Naduvinamani et al. [73] investigated the effect of surface roughness on
the hydrodynamic lubrication of porous step slider bearings. It is stated that the appropriate surface
roughness pattern can increase the load carrying capacity. Similarly, Sahlin [74] worked on micro
dimples and showed that pressure generation in a fluid can be enhanced via surface roughness. Minet et
al. [75] showed that the hydrodynamic lift generated by the surface roughness is sufficient to separate
the surfaces.

Brunetiére et al. [76] modelled the influence of surface roughness by using a very fine mesh. It is stated
that the influence of surface roughness can only be fully simulated by capturing the roughness in a
realistic way. The hydrodynamic pressure is generated due to the height variations which result from
the roughness. The asperities do not act as an independent slider bearing. They show a collective effect
on the pressure distribution. Wennehorst et al. [77] investigated rough ‘soft’ elastic solid bodies. In such
bodies, elastic deformation cannot be neglected. Elastic deformation may allow a thin film to form
between the asperities. Based on this, they modelled the lubricated contact without considering a solid
contact Coulomb-like friction law. It was stated that even though the pressure generation by asperities
may not be sufficient to separate the surfaces completely, it can decrease the friction significantly in
mixed lubrication regime.

11



RECTANGULAR FACE SEAL DESIGN

2.7.1.4 SQUEEZE FILM

This mechanism is described in Chapter 2.5.1. When two lubricated surfaces move towards each other
in the normal direction (for instance due to vibrations), the viscous fluid between the surfaces cannot be
instantaneously squeezed out [78]. Therefore, a positive pressure can occur in the contact. This can
provide cushioning effect and support the load. Lebeck [70] stated that for a sufficient hydrodynamic
pressure generation, a higher excitation frequency is necessary than the expected frequencies for
mechanical face seals.

2.7.1.5 DEVIATIONS from PARALLEL

It has been suggested that true parallel sliding is an ideal which is hard to achieve in the experiments
[70]. The surfaces have generally some deviations from parallel due to manufacturing, thermal
distortions, etc. Such deviations can generate hydrodynamic load support. It is stated that this
mechanism is stronger than the other mechanisms [70]. For the valve part of a swash-plate type axial
piston pump, Shin et al. [79] calculated significant decreases in the power loss due to enhanced
lubrication via deviations from flatness. Face seals can have radial taper or waviness which is described
in Section 2.8.

2.8 RECTANGULAR FACE SEALS

2.8.1 RECTANGULAR FACE SEAL DESIGN

Rectangular face seals are commonly used in rotary connections of automatic automotive transmissions,
which transmit pressurized oil to the actuators (Figure 2.8a). They are similar to mechanical face seals
but they have rather a simple design. Figure 2.8b shows a cross-sectional view of a rectangular face seal
in operation. The seal is placed in a groove on a shaft with a loose fit. The pressurized oil pushes the
seals to the counterface and the housing and thus, the sealing function is realized. It should be noted that
a small portion of the seal face is not in contact with the counterface. The seal can move relative to the
housing and the counterface. Either the housing can be stationary while the counterface is rotating or
vice versa. In such sealing systems, the area of interest is generally the contact between the seal and the
counterface (axial sealing interface). The influence of the contact between the seal and the housing
(circumferential sealing interface) is negligible since the relative motion between the seal and the
housing was observed to be small [80,81].

| Pressurized oil

a) b)
Leakage Housing
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Counterface — seal Joint Pressurized
oil
Shaft

Figure 2.8: a) Rotary joint with rectangular face seals [80] b) Cross sectional view of a face seal in
operation. Red lines represent the contacts seal — housing and seal — counterface.

Rectangular face seals have a joint for an easy assembly (Figure 2.9). This joint is the main leakage
source and can result in high leakage amounts. However, high leakage is tolerable in rectangular face
seals since the leaked oil stays in the transmission system. In order to decrease the leakage through the
joint, different joint designs are developed [82]. In addition to the joint, the leakage can occur from the
axial and the circumferential sealing faces.
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Grey cast iron is used commonly as a rectangular face seal material. However, thermoplastics such as
polyether ether ketone (PEEK) have started to become popular because of their attractive properties like
high temperature resistance.

Cross section of a seal

Figure 2.9: Rectangular face seal.

2.8.2 KINEMATICS and FRICTION TORQUE

It is not predetermined whether the seal slides at the axial face or the circumferential face. Depending
on the sliding motion, friction losses can occur at the axial face or at the circumferential face or at both
faces simultaneously. In case the friction losses occur at both faces, the seal rotates at a speed lower than
the speed of the shaft. This is due to the balance of the forces acting on the seal. For a stationary housing
and the rotating counterface, the friction forces are acting at the opposite directions on the seal as seen
in Figure 2.10. The friction force (Fg) acting on the axial face tries to make the seal rotate in CCW
direction while the friction force (F¢) between the seal and the housing counteracts to Fr. When the
friction forces Fr and F balances each other, the seal rotates neither with acceleration nor deceleration.

fluid seal
Fr " counterface

shaft ‘

Fc

Figure 2.10: Forces acting on a rectangular face seal. The counterface is rotating in CCW direction while
the housing is stationary.
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Figure 2.11: Forces acting on a rectangular face seal [83].
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A simple model is shown in Figure 2.11 with the forces acting on a seal [83]. The maximum friction
torques occurring at the axial and the circumferential faces are Mg, and Mg, ¢, respectively. They can
be determined via a force balance. In the axial direction, the hydraulic force resulting from the pressure
p1 is acting. Against this force, the forces resulting from the median contact pressure (pcontr) and the
hydraulic pressure in the gap are acting. Hydraulic pressure in the gap between the counterface and the
housing has a static portion (p¢ontr) caused by the pressure profile in the gap and a dynamic portion
(Payn,r), as consequence of the tangential fluid flow. Similarly, the forces occurring in the gap between
the housing and the counterface can be analysed. It should be noted that no force caused by the dynamic
portion of the hydraulic pressure occurs in the circumferential gap.

The force ratio between both circumferential and axial surfaces can be obtained from the balance ratio
(hydraulic loading area divided by the area of the seal face):

K Ay 18—y + hp)?

TTA - (ithe)?
The fluid pressure resulting from the dropping pressure profile in the axial gap is proportional to the
sealed pressure (K - p1). When the gap is parallel, the pressure profile is almost linear. Therefore, the
pressure gradient factor K¢ becomes 0.5. When the gap is convergent, pressurized oil can penetrate
further in the gap so the load at the axial contact face decreases (Kg g — 1). Vice versa happens when
the gap is divergent (Kgr — 0). Here, a convergent gap is the gap where the gap height increases
towards pressurized oil; the opposite means a divergent gap.

(2.14)

The contact pressure and the friction torque at the axial face can be determined as:

Pcont,F = P1 (kF - KG,F) — Pdyn,F (2.15)
Ts
21
lvIFr,F = fF f Pcont,F * r2 d(p dr (216)
0
rithg
2
Merp = 370 fp - (2 = (i + 1p)) - Peoner (217)

Here, fr represents the coefficient of friction at the axial contact. Similarly, the contact pressure and
the friction torque at the circumferential face is:

b * T'l‘ + bF * hF
o — 2.18
¢ b-r, (2.18)
E, +F,
Peonec = P1(kc — Ko c) — Paync + # (2.19)
o
b
2m
MErc = fc f pcont,Cr2 de db (2.20)
0
0
Mgrc = 2 - f¢ - 13 * b. Deont,c (2.21)

Here, F, and F,,; are the centrifugal and the elastic forces, respectively. fc is the coefficient of friction at
the circumferential contact. If £ is assumed to be equal to fg, the seal rotation would only depend on
the geometry of the shaft and the seal and, the gap geometry.

The axial face of the seal has a tendency to generate a converging gap. This provides a better cooling by
the fluid. Therefore, it is generally preferred to have the sliding motion of the seal at the axial face
surface of the seal.
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2.8.3 HYDROSTATIC LUBRICATION of RECTANGULAR FACE SEALS

As described in the previous section, face seals have a pressure gradient across the face. There is
pressurized oil at the inner diameter and ambient pressure at the outer diameter. This pressure difference
generates a fluid flow across the gap. Since this pressure generates a force counteracting to the hydraulic
force acting on the seal, a hydrostatic pressure relief can be achieved. The pressure profile in the gap
depends on the gap shape (Figure 2.12). For a parallel gap, hydrostatic pressure increases as the gap
becomes convergent while it decreases as the gap becomes divergent. On the other hand, the convergent
gap would increase the leakage while the divergent gap can lead to wear of the seal surface.
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Figure 2.12: Influence of the gap form on pressure distribution [80].

The deviation from parallel in the radial direction is called as radial taper / tilt. It can occur due to the
axial temperature gradient and pressure distribution. Gronitzki et al. [80] investigated pressure and
temperature induced deformations of a rectangular face seal and the groove in which the face seal is
placed. Because of the groove geometry in which the seal is placed (see Figure 2.13a), the cross section
of the seal rotates at CW when the pressurize oil is introduced. Therefore, the axial gap becomes
convergent (Figure 2.13a). On the other hand, pressure induced deformations of the shaft are negligible,
unless it would be a hollow shaft with a thin wall.

a) Housing b)
Pressurized oil Seal
| Position 1
A
Counterface

Seal
Position 2

Figure 2.13: (a) Pressure and (b) temperature induced deformation of a rectangular face seal [80].

The temperature increase on the axial face of the shaft leads to the expansion of the seal in both axial
and radial direction (Figure 2.13b). The final deflection of the seal ring is the combination of the
temperature and pressure induced deflections. Different researchers have worked on the effects of the
radial taper [84,85]. Etsion [86] showed that hydrostatic effects are as important as hydrodynamic effects
for a proper sealing operation.

2.8.4 HYDRODYNAMIC LUBRICATION of RECTANGULAR FACE SEALS

The mechanisms described in Chapter 2.7 have been considered to generate hydrodynamic pressure in
face seals. However, except surface deviations, the influence of other mechanisms on pressure
generation are negligible or low. Deviations from the parallel in circumferential direction such as
waviness are found to generate the most considerable hydrodynamic pressures (Figure 2.14). The
influence of waviness is investigated commonly for mechanical face seals. It is suggested if a mechanical
face seal operates at a film thickness of 1 um, a variation of the order of 0.1 pum would be sufficient to
generate a hydrodynamic lift [84].
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Figure 2.14: A wavy seal surface [87].

Waviness can be present on the face seal surface due to manufacturing or non-axisymmetric heating
during the operation. Minet et. al. [88] provided some statistics about the waviness of mechanical face
seals. It is reported that the waviness is up to 1 pm with two peaks in face seals. Many researchers
investigated the influence of waviness numerically and experimentally and showed the contribution of
the waviness [89-93].

2.8.5 OPTIMIZATION of RECTANGULAR FACE SEALS

Rectangular face seals are subjected to high pressures, high sliding speeds, and thermal stresses.
Minimizing the friction losses is priority. The friction torque (Mg) at a given speed results from the
integral of tangential stresses acting in the dynamic sealing face, both from solid contact and fluid shear.
Mostly, the friction torque from solid contact will prevail [83]:

MF=frdFT=]r'f'pcontdA (2.22)
Fr A

The friction torque depends on the effective radius (r) of the contact area, coefficient of friction for
boundary or solid contact (f), the contact pressure (p.on:) @and the contact area (A). Friction torque can
be decreased by decreasing the normal contact force (p.ont-dA) via hydrostatic and hydrodynamic load
reduction. Another method can be reducing apparent coefficient of friction by macroscopic or
microscopic features, which enhance micro-elastohydrodynamics and reduce boundary lubrication
contribution [83].

2.8.5.1 HYDROSTATIC LOAD REDUCTION

The easiest method to reduce the normal contact force (pon:-dA) is to the decrease the contact area.
This can be done by manufacturing hydrostatic pockets and chamfers which are open to the pressurized
fluid (Figure 2.15). With hydrostatic surface features, friction torque and consequently, the contact
temperature can be reduced significantly.
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Figure 2.15: Hydrostatic load reduction via chamfers (left) and pockets (right) [83].

2.8.5.2 HYDRODYNAMIC LOAD REDUCTION

Surface waviness and texturing / structuring can enhance the hydrodynamic pressure generation and
thus lubricant film formation. Waviness can be machined in to the surface initially. In the last decade,
surface texturing became quite popular and it is applied to different machine elements. Etsion et al. [94]
investigated mechanical face seals with structures theoretically and experimentally. It was reported that
the seal performance can be improved via surface texturing. Other researchers also reported that textured
seals and thrust bearings showed a better performance [95-99].

Structures can trigger cavitation. Pressure decreases in the divergent zone of structures whilst it increases
in the convergent zone. Cavitation may occur in the divergent zone and would limit the pressure drop.
Thus, a positive net lifting force can be obtained. In contrast to some researchers, Brunetiére et al. [33]
reported that the structures can only generate a significant hydrodynamic lift when they are combined
with roughness.
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Some other mechanisms are also suggested to explain the enhanced lubricant film after surface texturing.
According to Tender [100], lubricant is trapped in the contact due to textures and this sustains the
lubricant film. Fowell et al. suggested [101] a mechanism which is so called ‘inlet suction’. In this
mechanism, when a lubricant enters to the divergent zone of a structure a large decrease in the lubricant
pressure occurs. This pressure gradient has the effect of sucking lubricant into the contact. When the
enhanced flow reaches the convergent zone of the structure a greater peak pressure is induced than
would otherwise be the case. Vladescu et al. [102] also showed that the cavitation formation can enhance
the lubricant entrainment.

Some researchers suggested that inertia effects are responsible for load carrying capacity in textured
surfaces [166]. Therefore, they solved the full Navier-Stokes equations for the textured surfaces since
the Reynolds and the Stokes equations do not consider the inertia effects. Sahlin [167] suggested that
the inertia effects are the dominant mechanism for pressure generation in textured surfaces. However,
Dobrica et al. [168] found contradicting results. It is suggested that the inertia effects can be positive or
negative depending on the local flow conditions [169]. Asymmetric features (steps and wedges) do not
need cavitation. However, symmetrical structures need cavitation to generate lift.

Etsion’s [170] and Tender [171] proposed that the mechanism of the surface texturing is based on the
collective texture effect. Therefore, partially textured surfaces can often be more efficient than the fully
textured surfaces [172]. According to this concept, the textured inlet has a larger mean film thickness
than the non-textured outlet. Therefore, a partially textured contact behaves similarly to a Rayleigh step
[166]. This can lead to a considerable load carrying support, even if cavitation does not occur at all.

Overall, surface texturing is an attractive method to decrease friction by producing hydrodynamic
effects. The favourable features and the influences of the textures depends on the application.

3 AIMS AND SCOPE

Parallel sliding contacts are common for face seals, lip seals and plain thrust bearings. The sliding
surfaces may be macroscopically plain with a random micro geometry (roughness, pores) or structured
in a deterministic manner in order to improve film formation either by liquid media or by liquid
lubricants. In both cases it is possible to observe a Stribeck type transition from boundary to mixed
lubrication and eventually to full film lubrication. The existence of local films and a net lifting force
coincides with local cavitation on a microscopic respectively macroscopic scale. Many researchers
showed that cavitation plays an important role in hydrodynamic film build up. In this work film
formation mechanisms in parallel sliding contacts are investigated via textured rectangular face seals
experimentally and numerically by focusing on the relationship between cavitation and film formation.
The work presented here selects a textured seal as the main object for the ease of cavitation observation
and cavitation area calculation. Secondary aim of the work is to show the influence of structures on
friction and film formation. For this reason, a non-textured rectangular face seal is also investigated.
Firstly, a group of experiments are realized and then the axial sealing contact is modelled. Friction
torque, contact temperature and film thickness measurements are conducted on textured and non-
textured rectangular face seals. Thus, the seal performances are investigated. Secondly, film thickness
measurements are performed at an optical test rig by using a laser induced fluorescence method. Besides,
cavitation is observed and evaluated at the axial seal interface. The selected texture type is a bidirectional
structure and applied to the axial face of the seals. This type of texture allows to realize direct observation
of concentrated cavitation within texture at the seal interface. Thus, validation of numerical results is
possible in terms of cavitation form and size in addition to film thickness. This was not possible with
non-textured seals since there; the cavitation was randomly distributed. Thirdly, thermographic
measurements are performed at the optical test rig to observe local temperature increments at the axial
sealing interface during operation. For this reason, a thermal camera is used. The measured maximum
and the minimum temperatures are recorded. Also it is determined that where the seals are starting to
heat up during operation. This is important to understand thermal deformations of a seal and also
viscosity effect in the contact.
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Later on, textured sealing contacts are numerically modelled. Reynolds equation is solved by using a
mass conservative algorithm based on JFO cavitation theory to predict pressure build-up and cavitation
in textured rectangular face seals for full film hydrodynamic lubrication conditions. For the simulation
three different models are implemented; a purely smooth surface, a surface with macro irregularities and
a rough surface. To get real macro irregularities and roughness, seal surface is scanned via a laser
microscope. The numerical results are validated by comparison with experimental results in terms of
cavitation area ratio, film thickness and friction force. Influence of temperature thus, viscosity is shown
by applying different viscosities to the models. Influences of tilting and waviness of the seal gap on
cavitation and film formation are shown by changing gap forms. Furthermore, different cavitation
pressures are selected and used in simulations to investigate how cavitation pressure changes the
cavitation and film formation behaviour. In addition, the work also shows besides the effect of texturing,
the effect of surface irregularities and roughness as well.

The work presented here allows an understanding of film formation by focusing on cavitation occurrence
in axial contacts and shows consideration of cavitation is an important parameter to model film
formation. Besides, it contributes to the surface texturing field. Some researchers showed that structures
alone do not generate hydrodynamic lift. However, many of these works were done for dimple type
structures. The current work presented here focuses on relatively large structure form which is a “T
shape”. It could be shown that macro irregularities change film formation noticeably by influencing
pressure build up and cavitation formation. Because many simulations focus on idealized geometries
the influence of macro deviations needs to be considered. The results show that the numerical and the
experimental approaches, implemented in the current work applicable to the other parallel sliding
contact applications.

4 EXPERIMENTAL METHODS

4.1 TEST SAMPLES

Test seals are made of PEEK (Table 4.1). The sealing material contains glass bubbles which has a
density lower than 1 g/cm® and therefore they are used to produce low-weight compounds (Table 4.2).
The structured seals are injection molded. After this, the surfaces are ground to decrease the burrs.
However, the burrs are significant in the structure zones even after grinding as the tool is less capable
to remove the burrs in these zones. The glass bubbles are persisting only in the subsurface zone due to
grinding.

Table 4.1: Properties of PEEK.

Glass transition (Ty) ~145°C - 150°C
Melting point ~343°C

Each structured seal has 28 bidirectional structures on its axial face and a joint for an easy assembly
(Figure 4.1). One structure consists of inclined surfaces to generate hydrodynamic effects and a deep,
rectangular area between the inclined planes for feeding oil. The deep area is open to the pressurized
oil. There is a small, plain, unstructured area between the structures.

The non-textured seals are called as standard seals in this work. They are completely mechanically
processed. The surfaces of the standard seals have randomly distributed micro-pores (Figure 4.2a).
These features are due to glass bubbles. They explode during the manufacturing process. The diameter
of the glass bubbles varies from 30 um to 90 um. The depth of the micro pores is generally up to 10 um.
However, the depth of a few pores reaches up to 50 um. Furthermore, some of the glass bubbles do not
generate pores. They are at the same height with the main surface but there are dents around them in
which they are located. The standard seals have a step with a depth of 300 um (Figure 4.2b). The width
of the faces of the standard seals are slightly larger than those of the structured seals. However, the
contacting areas of the structured seals are not smaller in total since these seals have plain, unstructured
areas between the structures.
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Figure 4.1: a) Structured seal b) Geometry of a structure.
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Figure 4.2: a) Randomly distributed glass bubbles over the standard seal surface b) Standard seal
geometry

During the experiments, ATF M-1375.4 which is a transmission oil is used. The properties of this
lubricant are shown in Table 4.3.

Table 4.2: Properties of the test seals.

Structured seal Standard seal
Outer diameter 66 mm 66 mm
Production method Injection moulding Mechanical
Basic polymer PEEK
Filler 10 % Glass bubbles, 40 % anorganic / mineral fillers
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Table 4.3: Properties of the lubricant ATF M-1375.4.

Dynamic viscosity 51.3 mPa-s at 20 °C
Boiling point > 280 °C (estimated value(s))
Vapour pressure < 0.5 Pa at 20 °C (estimated value(s))

4.2 FRICTION, TEMPERATURE and LEAKAGE TESTS

4.2.1 UNIVERSAL TEST RIG

Gronitzki [80] developed a universal test rig by using standardized measurement methods in order to
measure friction torque, sealing contact temperature and leakage of the seals. It has been improved by
Schaller [81]. This test rig is based on a rotary connection (Figure 4.3). It is driven by a direct current
motor with the power of 6 kW via a belt. The maximum operating speed is 15000 min and reached via
different transmission ratios. An inductive torque sensor is placed between counter shaft and the main
shaft to measure friction torque and rotational speed. A telemetry is placed to measure the sealing contact
temperatures. The modular test head design allows to test different rotary connection systems. In the
current work, a common rotary connection design with a stationary housing and a rotary shaft is used.

Torgue and speed

measurement Telemetry  Main shaft
P S SS — N Modular test head
550055550055555050555085555905555998055 T 1
Transmission 2 oeoooog (P
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Figure 4.3: Universal test rig [80].

Figure 4.4 shows a cross sectional view of the modular test head with the pressure chamber used in the
experiments. The pressure chamber is sealed with two rectangular seals and it consists of the test shaft,
the test sleeve and the outer adapter. The test head has some bores to supply pressurized and warm oil.
The warm oil enters the system through the bore (9) and reaches a radial channel in the outer adapter. It
warms up the test head and leaves the system through a bore at the back of the test head. The housing,
the outer adapter and the test sleeve are sealed via interference fits which provide acceptable sealing up
to 7 MPa.

Pressurized oil enters the system through the bore (10). It reaches the radial channel between the test
sleeve and the test shaft via the outer adapter / housing and the test sleeve. Rectangular seals are
responsible to seal left and right sides of the channel. Pressurized oil can only leave the system as leakage
through the leakage path between the test sleeve and the test shaft as much as the rectangular seals allow.

The leaking oil from the seals exits the test head via the bores (11). It is first collected separately by
leakage weighing cups which can be opened and closed by means of solenoid valves. During the leakage
measurements, leaking oil accumulates in the closed weighing cups and measured via the load cells.
When the measurement is completed, the cups are open and the oil rejoins into the oil circuit.

The test rig has thermocouples at different points (Figure 4.5). The temperature of the test head (To) is
measured by placing a thermocouple through the outer adapter. Another group of thermocouples are
placed through the test sleeve to measure the oil temperature (T3) and the temperatures near the sealing
contacts between the seals and the test sleeve (T1, T2). In addition, two thermocouples are placed through
the counterface of each seal to measure the temperatures between the seals and the counterfaces (TM:
and TMy). It should be noted that contact temperatures TM; and TM are average values and they do
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not show the local temperatures. The bores where the thermocouples were placed in were made as small
as possible (around 0.5 — 0.6 mm) to minimize their influences on the axial sealing contacts. For the
sake of assembling the thermocouples, the test shaft was manufactured as multi piece (Figure 4.5).
Therefore, the counterfaces of the rectangular face seals were manufactured as separate discs and
assembled to the main shaft via screws. Isolated thermocouples were assembled as their tips were
slightly higher than the counterface surfaces by using a two component epoxy adhesive. After assembly
of the thermocouples, the counterfaces were ground to obtain an even counterface surface. For the
technical details of temperature measurements see Ref. [80].
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Figure 4.4: Modular test head [80,81].
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The sump oil is temperature pre-conditioned via heating elements. During operation, friction losses in
the sealing contact can warm up the test head rapidly. Therefore, a cooling system is available to keep
the test head temperature at the desired sump temperature.

Seal 1<

Counter-
Counter-
face | face

Test
sleeve

Seal Counterface

Figure 4.5: Multi piece test shaft (left), a counterface with thermocouples (middle) and the contact
temperature measurement (right) [80,81].

422 TEST PROGRAM
The test program consists of three stages:

1) Idle running: The test rig is run without the rectangular face seals, test shaft and oil to determine
friction torque in the main shaft which arise from the bearings and the labyrinth seals. Friction torque
is measured at different speeds after 120 s rotation at each speed to provide uniform temperature
distribution in the bearings. A curve showing the behaviour of friction torque with respect to speed
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is obtained. Thus, it can be subtracted from the measured friction torque during the experiments to
find the friction torque arises only from the seal rings.

2) Function test: Sealing performance is investigated at different pressures and speeds by measuring
friction torque, leakage and temperatures (To, T1, T2, T3, TM1 and TMy). Figure 4.6 shows pressure
and speed steps which are used in the function tests. The rotational speed increases from 0 to 6400
rpm and the pressure increases from 0 to 2 MPa for each speed. Each pressure-speed step is held for
270 s for the system stabilization. The functional test is carried out before and after the long term
test in order to investigate the influence of wear.
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Figure 4.6: Pressure and speed steps in the function test.

3) Long term test: The seals run under continuous load as in a real transmission whilst changing
gears. This test consists of load cycles with the duration of 240 s. The load cycle, which is shown
in Figure 4.7, is repeated over a period of 18 h. In one cycle, the rotational speed is 850 rpm for
55 seconds and 6400 rpm for 160 seconds. In parallel, the pressure is increased to 2 MPa and
reduced three times to 0 MPa for a total of three seconds. The aim of the long term test is to
observe influence of the running in process on seal performance and wear behaviour of the seals.
Therefore, speeds and pressures are selected to achieve the aging of the rectangular seals within
the test duration.
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Figure 4.7: One cycle of the long term test

Four seals from each seal type and four counterfaces were tested in the universal test rig (Figure 4.8).
For each test, two seals and two counterfaces were combined in pairs. Surface profile and roughness of
the seals and the counterfaces were investigated via laser microscope before and after tests. The sump
and the test head temperature was selected as To = 90 °C (see Figure 4.4).
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Figure 4.8: Test method.

4.3 OPTICAL TESTS

The optical tests fulfil two main tasks; determination of the lubricant film thickness including the
observation of the cavitation morphology and detecting the local contact temperatures. There are various
methods to realize these aims. These methods are described in the following chapters. Later on, the
optical test rig and the fundamentals of the selected methods are explained.

4.3.1 FILM THICKNESS and TEMPERATURE MEASUREMENT METHODS

In the following, different lubricant film thickness determination methods and local contact temperature
monitoring techniques are described. Depending on the advantages and the disadvantages of the
described methods, the reasons of the selected methods are explained in the conclusion.

43.1.1 FILM THICKNESS MEASUREMENT METHODS

Lubricant film thickness measurement methods can be divided into two groups; electrical and optical
methods (Table 4.4) [103,104]. Electrical methods are based on the fact that many machine elements
are metallic and the lubricant film which is separating those elements behaves as an electrical insulator.
Therefore, the film can be assumed as an electrical resistance or capacitance. Electrical resistance
method [105-107] struggles to determine the absolute film thickness since it gives different results
depending on the measurement location due to asperities. Most important, it is shown that the resistivity
of the lubricant changes with temperature. Therefore, the results can change with increasing contact
temperatures [108]. This method is suitable for light loads, very slow speeds and linear geometries
(contact length is necessary to calculate the lubricant resistance) and it is successful to detect the film
rupture [109,110].

The electrical capacitance method implements the electrical capacitance theory to determine the film
thickness which separates two machine elements. It assumes the surfaces of the machine elements to be
parallel to each other; thus the system becomes a parallel plate capacitor. This assumption leads to a
direct relationship between the quantity of the capacitance and the lubricant film thickness. In addition
to being often used for roller bearings [111-114], it is also used to measure the film thickness in
thrust bearings [115,116], internal combustion engine piston rings [117,118], cams [119,120] and
gears [121]. This method has some drawbacks such as the sensors which should be assembled in the
lubricant film. The film can be disrupted at the locations of the sensors. Also, this method is more
sensitive for thin films hence, measuring the film thickness distribution is hard and the film thickness
can be underestimated. Besides, the capacitance of the lubricant can change during the operation due to
contamination, air entrainment [122], shear rate and temperature [123, 124].

Inductive methods [125-127] determine the lubricant film thickness by using the change in magnetic
flux across the contact. They are based on the fact that in case an alternating current flows through a
coil, it will generate eddy currents in a magnetic material which is located close to the coil and these
eddy currents will decrease with increasing film thickness since the film separates the coil and the
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surface. This method can generate problems since some transducers should be used in the contact as in
the film capacitance method. Furthermore, contact temperatures may influence the results.

Table 4.4; Film thickness measurement methods.

Film thickness measurement methods
Electrical methods Optical methods Others
o Electrical resistance e Optical interferometry | ¢  Ultrasound
e Film capacitance e Fluorescence
e Inductive

Optical methods allow the direct observation of the lubricant film and they are powerful methods. These
methods consist of techniques such as optical interferometry, x-ray transmission and fluorescence.
Optical interferometry is based on the interference of the two light waves. The lubricant film thickness
can be measured via two techniques by using an optical interferometry. Fringe colour technique
[128,129] is quite similar to the Michelson Interferometry [130]. A light can be split and transmitted to
a reference mirror and a machine element. The lubricant film at the interface of a machine element
generates a delay in the light which is reflecting from the machine element. When this light is
recombined with the light reflected from the mirror, interference patterns can be obtained and used to
analyse the lubricant film. This method is mostly suitable for EHL contacts since it can measure thin
films (up to around 1 um since the coherence of the light decreases as the film increases).

In dark band fringe technique [131], a white light is used to produce a group of reflected beams at
different wavelengths. Later on, all the reflected beams are collected with a fixed angle thus a circular
fringe is obtained. The fringe pattern which consists of black and white circles results from the
combination of the beams with different angles. This technique allows the measurement of thick films.

Fluorescence methods utilize the properties of the fluorescent substances to measure the lubricant film
thickness. Fluorescent substances emit light at longer wavelengths when they are excited by a light
source. The emitted light is the amount of fluorescent substance in the area of interest. After the
calibration of the system, a relationship between the fluorescence intensity and the lubricant film
thickness can be obtained. A broad range of film thicknesses (from thick films to the fluorescence
emission from one molecule depending on the visualization equipment) can be measured via the
fluorescence method [132]. Fowell et al. [133] mapped the whole contact areas of the elastomeric seal
materials via laser induced fluorescence method and they measured a very wide span of thicknesses (50
nm to 100 um). Similarly, Necas et al. [134] used the fluorescence method for lubricant film mapping.
They used a mercury lamp to induce the fluorescent substance instead of laser. Petrova et. all [135]
managed to transition between the lubricant regimes via fluorescent method. Drawbacks of the
fluorescent method are the reflectivity of the objects, requirement of a reliable calibration and the
fluorescence quenching. Some researchers improved the method to solve the reflectivity problem by
using two different fluorescent substances [136]. Calibration and fluorescence quenching are described
in the next chapters. Overall, the optical methods require optically translucent machine elements which
might be costly or difficult to manufacture.

In addition to electrical and optical methods, some other techniques are also available such the
ultrasound method. In the ultrasound method, a transducer is placed at the back of a machine element
and it transmits ultrasound through the machine element. The transmitted ultrasound penetrates to the
lubricant film at the interface of the machine element where it is partially reflected back. The proportion
of the reflected ultrasound can be used to determine the reflection coefficient. Thus, the lubricant film
thickness can be calculated via an ultrasonic spring model which contains the reflection coefficient
[137]. Being comparatively new, the ultrasound method has been used to investigate the film thickness
in different machine elements such as roller bearings, journal bearings and mechanical face seals [124,
138-141]. Redyhoff et al. [141] stated some drawbacks of the ultrasound method. Materials of high
attenuation do not let the ultrasound pass efficiently. The sensitivity of the measurement can be
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influenced by the impedance mismatch of the surfaces of the interested machine elements. Also, the
sensors which are used in this method are sensitive to temperature. Moreover, large air bubbles or voids
in the lubricant film will directly reflect the ultrasound and generate spikes in the determined film
thickness while the small air bubbles will reduce the speed of sound and lead to overestimation of the
film thickness.

4.3.1.2 LOCAL CONTACT TEMPERATURES MONITORING METHODS

Local contact temperatures monitoring can be performed via direct and indirect methods. The direct
method is based on the classical use of thermocouples. These thermocouples can be placed as close as
possible to the lubricant film as in the universal test rig (Chapter 4.2). If the thermocouples are not placed
directly into the contact and the material in which they are embedded has a low thermal conductivity,
this type of measurement is not suitable. In addition, temperature mapping is also not easy.

With the indirect method, the temperature of the sealing contact can be determined by using an infrared
thermal camera [142-144]. This camera measures the radiated infrared by the objects and converts this
radiation to temperature according to Planck’s law. This method provides high thermal resolution and
makes possible to detect transient variations. However, the thermal camera detects the radiation both
from the friction surfaces and the lubricant film. Therefore, if the aim is just to determine the temperature
distribution within the lubricant, some different methods such as coatings are necessary to filter the
radiation from the machine elements [145]. If the aim is to determine the temperature distribution over
the seal surface, it can be extracted via equations [150]. One of the problematic issues in infrared
thermography is that the thermal camera is sensitive to the reflections and the radiation from the
surrounding [3].

As a non-intrusive method, some researchers have been using the laser induced fluorescence method for
temperature mapping of the lubricants [146-148]. It is based on the effect that the fluorescence emission
depends on temperature. However, to determine the temperature correctly, the lubricant should be
illuminated uniformly and the optical conditions should be constant during the measurements. Noise (in
the optical images) can influence the calibration. At large temperature gradients, fluid density thus
refractive index changes. This leads to a change in laser intensity locally which influences the local
fluorescence intensity hence, the local temperature [149]. Furthermore, this method only allows the
temperature mapping of the lubricant. Fluorescent particles are mixed with the lubricant in this method
and this mixture might not be distributed sufficiently over the sealing contact under boundary and mixed
lubrication conditions. Therefore, this method is more suitable for hydrodynamic regime.

4.3.1.3 CONCLUSION

In the preceding section, different film thickness and local temperature measurement methods are
examined. The film thickness measurement methods such as electrical, interferometry and ultrasound
do not fully fulfil the requirements of the current work. Electrical methods generally measure the
minimum film thickness and require machine elements with good electrical conductivity. However, the
sealing material in the current work is PEEK which has a bad electrical conductivity.

Optical interferometry requires reflective surfaces and the reflectivity of the current seal surfaces is not
sufficient. Ultrasound method can be performed by placing a transducer to the back of the machine
element. In the current work, both the seals and the counterfaces are rotating. Placing a transducer to the
back face of the rotating seal can lead to problems. Also the transducers are sensitive to temperature
changes. In addition, ultrasound overestimates the film thickness in case of cavitation occurrence. This
means that the film thickness can be calculated incorrectly at many points since it is the aim to
investigate a hydrodynamically lubricated contact with occurrence of cavitation.

Fluorescence method is the best solution for the current work. It determines the film thickness reliably
when the calibration is performed diligently and, the suitable light source and the fluorescent substance
are selected. It is not influenced by cavitation. Moreover, using an optically translucent object to realize
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this method allows to observe the complete contact area. Therefore, cavitation formation can be
observed directly which is one of the aims of the experiments.

The local contact temperatures cannot be detected by using thermocouples since the seal rotates relative
to the counterface. Laser induced fluorescence temperature measurement and infrared thermography are
advantageous since they allow the visualization of the sealing contact. Laser induced fluorescence
method is remarkable but it needs an elaborate measurement set-up and calibration. For reliable results,
selection of the sensitive fluorescent dyes is necessary. Also, it determines only the temperature of the
lubricant.

Infrared thermography provides a simple set-up. If it is necessary, radiations which arises from different
components can be filtered and the temperature over the seal surface can be found. However, even
without filtering, this method can show high friction areas and give an insight for the sealing
deformation. Also, it is shown that the elastic deformations of the seals influence the lubricant film more
significantly than the thermal wedge effect which arises from the temperature gradients within the
lubricant [70].

As a result, a fluorescence method and infrared thermography are selected to measure film thickness
and the local contact temperatures at the axial sealing interface.

4.3.2 The OPTICAL TEST RIG

The optical test set-up (Figure 4.9) is based on the work of Schuller [81] and has been modified. The
fundamentals of the test rig are similar to the universal test rig. This test rig has a chamber which consists
consists of a shaft, counterfaces, and a housing. Two seal rings seal the chamber. One of the counterfaces
of the seals is replaced with a sapphire disc to enable the optical investigation of the contact. Sapphire
has a similar thermal conductivity to steel and therefore, the thermal behavior of the system is kept
similar to that of a real application. The sapphire disc is coated matt black except the sealing contact to
prevent the reflection from the surrounding materials. The roughness of the sapphire disc is within the
suggested parameters. The contact area is illuminated and observed via a light microscope and a CCD
camera.
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a) Optical test rig b) Cross sectional view of the optical test rig

Figure 4.9: Optical test rig [81].

4.3.2.1 CAVITATION OBSERVATION

In order to observe cavitation formation, the contact area is illuminated with a white light source. The
joint may influence the film behavior and cavitation. The highest film thickness is expected to occur in
the region at the opposite of the joint. Therefore, only cavitation occurring within the structures 8 and
21 (see Figure 4.1a) is considered. Cavitation area ratio (the ratio of the cavitation area to the total area
of one structured section) is calculated within these structures and used for a quantitative comparison.

In the optical tests, the friction torque and the average near-contact temperature are also measured. The
friction torque is measured via a torque sensor. A thermocouple is placed through the housing, near the
sealing contact, to measure the near-contact temperature.
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4.3.3 LASER INDUCED FLUOROESCENCE METHOD
In this chapter, the basics of fluorescence phenomenon and its implementation to measure the lubricant
film thickness are described.

4.3.3.1 PRINCIPLES of FLUORESCENCE

Fluorescence is a type of photoluminescence which is emission of light by a substance as a result of
absorption of photons. Hence, the emission of light in the fluorescence is not a result of heat. To
understand the fluorescence phenomenon, some basic properties of light should be examined first.
Therefore, both wave and particle (photon) approaches for light will be used.

Light is a form of electromagnetic radiation. It has an oscillating electrical field and an oscillating
magnetic field perpendicular to it. The oscillating magnetic field acts as waves travelling at the speed of
light, c [151]. Light has also a wavelength (1) and frequency (v) as properties which have the relationship
with each other as:

C

Vv = ;\ (41)

Planck defined a relationship between light and energy which is relevant for fluorescence since the
molecules absorb and emit one photon of energy. If E is the photon energy and h is Planck constant
(6.626-10** J-s), this relationship is represented with the photon frequency v as below [152,153]:

E = hv (4.2)

Molecules have energy levels and the state of their energy can make a transition from one level to
another when they absorb photons. These energy levels can be illustrated via the Jablonski diagram
(Figure 4.10). When a fluorescent molecule (fluorophore) absorbs a photon, its energy level (usually the
lower level which is the so called ground state (S,)) changes to a higher level (higher level singlets such
as Si, Sy, etc.) and it becomes unstable. This energy change contains also a vibrational energy change
which is arising from the molecule itself. After the absorption, the molecule has excess electronic and
vibrational energy. First, the vibrational energy is dissipated very quickly in the form of heat as a result
of the molecule interaction with the surrounding [151]. As a result, the molecule reaches the relaxed
energy state S; and then goes back to its ground state by emitting fluorescence. The whole excited state
of the fluorophore is 1-10°s to 10-107 s (the lifetime of the fluorescence). Some of the molecules can
lose their energy with collisional quenching (collisions with other molecules) [159] instead of emitting
fluorescence before returning to the ground state.
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Figure 4.10: Jablonski diagram showing the absorption and fluorescence processes. Ea,= absorption
energy, vec— excitation frequency, Eem= emission energy, vem= emission frequency.

Molecules can also change their spin state from singlet to triplet as a result of internal conversion. From
this state the molecules can return to the ground state by emitting photophosphorescence, which is very
weak. The excitation time in photophosphorence is much longer (10*s to 10 s). The emission continues
longer (even after the removal of exciting radiation) since the triplet state has a longer lifetime.
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In fluorescence, emission energy (thus the frequency and the wavelength of the emission) is always
lower than the absorption energy. This phenomenon is so called Stokes shift. As a result of this shift,
lubricant film thickness can be measured by using the filters only allows the emission radiation to pass.

4.3.3.2 LUBRICANT FILM THICKNESS MEASUREMENT with FLUORESCENCE
In order to measure a lubricant film thickness via the fluorescence method, the fluorescence response of
an excited lubricant — fluorophore mixture should be examined. The total fluorescence which is emitted
from a rectangular differential volume with the cross sectional area A and the length dx irradiated by
light (normal to the area) with uniform intensity lex can be expressed as [136,146,153]:

F = [ox€(Aex) cPAAX (4.3)

The fluorescent intensity depends on;

e le,= excitation light intensity. It generates molecular transitions to excited levels,

o ¢(lex) = molar absorption coefficient. It determines how much of the incident light per molecule
produces molecular transitions,

e c=dye concentration. It is the measure of the number of molecules present,

o @=the quantum efficiency. It is the ratio of the emitted photons to the absorbed photons.

o A-Ax= the volume of the element. Excitation and fluorescence occur within this control
volume.

The fluorescent intensity can be obtained by dividing the eq. (4.3) with the area A. If the area A is
assumed to be the projected area of a single pixel, the fluorescence intensity collected by a CCD pixel
from the differential fluorescent element is determined as below [136,146,153]:

If = [ox(€(Aey ) cDPAX (4.4)

C is a constant which is related with the efficiency of the monitoring [153]. It arises due to the fact that
the emitted fluorescence is pointed at every direction and only a fraction of the total emitted fluorescent
radiation is collected by the detector. ¢ is between 0 and 1 over the whole thickness of the sample when
the thickness and the sample half-width over which fluorescence is occurring are significantly smaller
than the distance from the detector. Eq. (4.4) is accurate for thin films. A more accurate representation
can be obtained for both thin and thick films by using the Beer — Lambert Law [155,156] which describes
the absorption of the excitation light by the finite fluid through which it travels [136,146,153]:

[ox (%) = [je ¢(Rex)cx (4.5)

I, represents the incident light intensity in eq. (4.5). If a differential element is considered within a finite
film thickness, the fluorescent intensity collected by the detector is:

dl = [ex(e(Aey) cPdx (4.6)
Here, lex can be replaced by the eq. (4.5):
dlf = e ¢Rex)X (A, ) cddx 4.7)
Thus, the total intensity recorded by the detector for a defined film thickness h is:
h
I¢(h) = jo [pe ¢ Re)X e, )e@dx = [o{d(1 — e~6(hex)ch) (4.8)

If h is small (thin film) eq. (4.8) becomes:

I¢(h) = Iy (e(Aex)cPh (4.9)

Here, categorizing a lubricant film as optically thin or optically thick depends on the product €(4,,)c
[136, 146]. When the fluorescence intensity is plotted with respect to the film thickness, a curve with
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three regions is obtained (Figure 4.11) . These regions were examined in detail by Poll et al. [157]. The
first region is quasi linear. In this region, almost all of the fluorescence particles are excited. The incident
light intensity is more than can be absorbed and it is transferred into fluorescence. The fluorescence
intensity mostly depends on the amount of the fluorescent particles thus, on the film thickness and the
fluorescent dye concentration.

The second region is the transition region where the fluorescence intensity changes with the film
thickness non-linearly. The film thickness reaches values where some fluorescence particles are not
excited. Fluorescence intensity depends on both fluorescent particles and light intensity.

In the third region which is the so called ‘saturation region’, all the incident light is used for fluorescence
or transformed into heat at a distance shorter than the total film thickness. The fluorescence intensity
versus film thickness curve becomes a plateau. In this region, fluorescence intensity depends on the light
intensity. However, in practice, there is a small influence of the florescent dye concentration as well but
it is weak compared to that in the linear and the transition regions. Poll et al. [157] explained this as that
the mean travelling distance of the incident light and the fluorescent radiation decreases with
fluorescence concentration for a given incident light intensity. Thus, it becomes less probable that the
light is lost by absorption or transformation into other energy forms rather than fluorescence.
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Figure 4.11: Left: The relationship between fluorescence intensity and film thickness. Right:
Temperature dependency of fluorescent yellow in ATF M-1375.4 (concentration: 2000 ppm).
Fluorescence intensity is measured in the flat area of the structured seal at 0 rpm and 5 bar. Therefore,
the lubricant film thickness is low (around 0.6 pum).

High fluorescence particle concentrations can have a negative effect on the fluorescence process.
Fluorescent radiation might hit other particles and may be transformed into heat. This is a type of
fluorescence quenching (a process that leads to decrease in fluorescence intensity). After this, these
particles cannot radiate fluorescence.

4.3.3.3 LASER INDUCED FLUORESCENCE IMPLEMENTATION

4.3.3.3.1 SELECTION of the INSTRUMENTS

To implement the fluorescence method, some important factors such as the fluorescent dye, light source
and the detector should be selected carefully. In this section, the selection of the important materials is
described:

Fluorescent dye:

For the selection of the fluorescent particles, solubility of the dye in the main lubricant, the temperature
dependency and the excitation/emission wavelength of the dye should be considered. Besides, the
hazardous effects of the dye should be low. Polarity of the fluids shows the solubility of a material. The
main lubricant ATF M-1375.4 used in the work is a mineral oil and highly non-polar. Thus the
fluorescent should be non-polar too. The temperature dependency of the lubricant should also be quite
low. The excitation/emission wavelength of the dye should be within the visible range.
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Concentration of the fluorescent dye:

As described in Chapter 4.3.3.2, fluorescence emission increases as the dye concentration increases until
the saturation concentration. Low dye concentrations extend the linear region of the fluorescence
intensity — film thickness curve beyond the interested film thickness range and decrease the sensitivity.
High concentrations can shorten the linear behaviour of the fluorescence intensity and the film thickness
than the necessary film ranges. Fluorescence dyes have also suggested concentration limits (2500 ppm
for fluorescent yellow). Beyond this limit, dyes might influence the properties of the main lubricant.

Temperature dependency of fluorescence intensity:

Fluorescence intensity generally decreases as the temperature increases [179, 180]. The influence of the
temperature should be kept as minimum as possible. Figure 4.11 shows the dependency of the
fluorescent yellow dye which is used in the experiments. Although the intensity decreases with
temperature, it is acceptable up to 50 °C in the current work since the change in fluorescence intensity
would result in an error below 0.5 pm.

Light source:

Light should have an appropriate wavelength and be strong enough to illuminate the area of interest
sufficiently. In addition, the incident light ideally should be distributed over the sealing contact
uniformly. Generally, light from a point source has a Gaussian spatial intensity distribution, however,
this can be corrected via appropriate lenses such as Powell lenses. These lenses can also be used to avoid
speckles which occur in lasers. However, it should be noted that the lenses might decrease the intensity
of the excitation light. Besides, intensity of the incident light should not change with time. Generally,
lasers provide a more stable intensity. However, it should be noted that lasers provide intensive
excitation light which can lead to photo bleaching which means the deactivation of the fluorescence
feature of a fluorophore.

Detector:

One of the most important features of the detector set-up is the exposure time. In the current work the
seals rotate slowly and their speed increases with increasing shaft speed. If the exposure time of the
detector is too long, recorded photographs will be blurred. As a result, the film thickness cannot be
determined correctly. High speed cameras can record the sealing contact for short durations but this
means illumination of the sealing contact should be more powerful. In case of the weak illumination,
CCD cameras which provide longer exposure time need to be used. Another important point is the
microscope which is used to visualize the sealing contact in detail. When the magnification of the
microscope is increased, the resolution of the recorded data increases. However, the collected light by
the camera sensors decreases according to the aperture.

In the current work, Fluorescent Yellow (FY131SC) is selected as the fluorescent dye and mixed with
the transmission oil ATF M-1375.4 (Table 4.3). Fluorescent yellow dissolves in the oil and it does not
influence the bulk behaviour of the oil. The concentration of the fluorescent dye is selected as 2000 ppm.
The magnification of the optical light microscope is set as 5x. The objective of the microscope is plan
1.0x. The working distance of the microscope is 55 mm. The numerical aperture 0.4137. A narrow band
pass filter which allows emitted light to pass in the range from 570 to 600 nm is used in the optical path
from the object to the camera (see Figure 4.9). A Nd:YAG laser with a wavelength of 532 nm is used to
illuminate the contact. The laser beam is spread to 12 mm diameter via a lens system. The intensity of
the laser is measured before the experiments and found to be stable. A set of preventive measures are
performed against the reflection from the contact and the surrounding. The sapphire disc is coated
opaquely, except for the area of the axial sealing contact. The test rig is covered and the measurement
area is darkened.

4.3.3.3.2 CALIBRATION of FLUORESCENCE INTENSITY

The recorded data from the sealing contact are evaluated with a software so called ‘Image J°. In this
software, the intensity of the fluorescence is represented as grey values from the monochrome sealing
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contact photos. Figure 4.12a shows the fluorescence photograph of one structured section of the
structured seal. The speed and the lubricant pressure is 500 rpm and 5 bar, respectively. Rotation of the
seal is CCW. Within the right half of the structure, cavitation is visible. Cavitation consists of dark areas
and thin light areas. Dark areas correspond to gas regions while the thin bright areas correspond to liquid
streamers.

The cross section of Figure 4.12a is represented via fluorescence intensity in Figure 4.12b. Fluorescence
intensity becomes low in the cavitation zone. At some regions, fluorescence intensity fluctuates and the
structure geometry deviates from its original shape (Figure 4.12c). Here, the seal is non-stationary;
however, these fluctuations partly occur when the system is stationary, too. The fluctuations are
particularly visible in the deepest part of the structure. These fluctuations can be due to the speckles in
the laser light. It should be noted that fluorescence intensity depends on the excitation light intensity at
high film thicknesses as described earlier. Therefore, the fluctuations might be occurring more in the
deep regions of the structures. It should be noted that the microscope is not adjusted to detect the
roughness due to loss of collected radiation from the sealing contact. Thus only the macro surface
features are captured by the fluorescence measurements described here.
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Figure 4.12: a) Fluorescence emission of one structured seal section with cavitation (to make it more
easily visible the photo contrast is adjusted) b) Depiction of the structure via fluorescence intensity c)
The real surface profile of the structure determined via laser microscope.

In order to translate the fluorescence intensity into the film thickness, an elaborate calibration is
necessary. External calibration can be useful at the selection stage of a fluorescent dye and of its
concentration. However, in-situ calibration can provide more reliable results since it takes into account
the influencing parameters from the surrounding and the test set-up. The fundamentals of the in-situ
calibration are described by Poll et al. in detail [154,157,158]. Structured seals are particularly suitable
to implement this method. Therefore, calibration is performed with the structured seals.

The fluorescent dye — oil mixture is pumped into the system when the system is stationary. The emitted
light from a structured section is recorded. The fluorescence emission from the structure at O rpm
correlates with the profile of the structure. The inclined surfaces of the structure are used to determine
the fluorescence intensity for different oil thicknesses (Figure 4.13). Consequently, the calibration curve
is obtained (Appendix A, Figure A-1).
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Film thickness is measured at different speeds. The same structured section which is used for the
calibration is recorded to measure the film thickness to minimize the error in the measurement results.
This structured section is in the region at the opposite of the joint. Film thickness is determined at the
flat surface over the structure (Figure 4.13). The measurement area is 0.13 x 2.83 mm?. This area is near
the calibration area to eliminate the influence of a possibly inhomogeneous light distribution. The
calibrated film thickness results include the initial profile of the seal. Therefore, the fluorescence
emission at zero rpm is subtracted from the film thickness measurements to obtain only the film
thickness due to hydrodynamic lift. It should be noted that a hydrostatic part might still be taking place
in the results due to elastic deformation of the seal during operation.
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Figure 4.13: a) Calibration and the film thickness measurement areas b) Obtaining the calibration curve
by using the inclined planes of a structure.

For the calibration of the standard seals, the calibration curve which is obtained for the structured seals
is used since the standard seals do not have any surface feature to generate a calibration curve. Thus the
error in the film thickness measurements of the standard seals might be higher.

The reproducibility of the measurements was checked as well (see Appendix A). For this, a group of
measurements were repeated after some time. Similar results were found; thus, under the same
conditions the results are reproducible. To prevent the influence of any change in the system after the
calibration, the measurements are performed shortly after the calibration.

434 INFRARED THERMOGRAPHY

4.3.4.1 PRINCIPLES of INFRARED THERMOGRAPHY

To measure the local contact temperatures, a microscope and a CCD camera are replaced with a thermal
camera (Figure 4.14). To exclude the radiation from the surrounding the test rig is covered with an
infrared (IR) opaque material (in this case it is aluminium which is a strong IR reflector). As the
measurements are influenced by the ambient temperature, a thermocouple is used to measure the
ambient temperature which is kept as 20 °C during the experiments.

Thermal camera Test head

Figure 4.14: Infrared thermography set-up.
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All physical bodies radiate energy which depends on the body temperature. Based on Planck’s law, the
total radiant power into the hemisphere of a black body at a temperature T in the wavelength interval A,
A+dA can be expressed as [3,160]:

hc -1
(eM<_T — 1) dx (4.10)

h is Planck’s constant (6.626-10°3* J-s), ¢ is the speed of light in vacuum (2.998-108 m/s), 1 is the
wavelength of the radiation, k is Boltzmann constant (1.380649x10% J-K™), and T is the absolute
temperature (in K). The radiant exitance of a black body, according to the Stefan—Boltzmann law is:

2

2mh
M}\ (T) dA = )LS

M(T) = f M, (T) dA = f M, (T) dv = oT* (4.11)
0 0

Here, o is the Stefan-Boltzmann constant (5.67-10 W/m?K*). As IR imaging only detects a predefined
spectral range of A, = A,, the black body radiation (Figure 4.15) is compared to the total emission [3]:

£ My da

0~ (4.12)
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F(7\1—’7\2) =

This equation is described for 500 °C with the hatched areas in Figure 4.15. This can be used to obtain
the portion of black body radiation and excitation for the limited band detected by the IR sensor.
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Figure 4.15: Spectral radiant power of Planck’s black body [3] with respect to wavelength for different
temperatures.

In nature, the objects are not ideal black bodies but rather grey bodies. The grey bodies only absorb and
emit the incident radiation partially. Therefore, some terms such as emissivity should be defined to
understand the heat transfer of the grey bodies. Emissivity (¢) shows how much thermal radiation an
object emits to its environment. It is the ratio of the thermal radiation emitted by a grey body to the
thermal radiation emitted by a black body at the same temperature. It is between 0 and 1 for grey bodies.
Similarly, absorptivity («) and reflectivity (p) are the measure of how much thermal radiation is absorbed
and reflected, respectively. Lastly transmissivity (z) is the measure of how much thermal radiation passes
through an object. The values of these terms can change with wavelength. Also, according to Kirchhoff
law, for a body emitting and absorbing thermal radiation in thermodynamic equilibrium, the emissivity
is equal to the absorptivity:

a=c¢ (4.13)
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A radiation (¢o) which is striking an object can be reflected (¢g), transmitted (¢ 1), or absorbed (¢,)
by this object [3]:
Or + &1 + da = b (4.14)

For a given temperature (T) and a wavelength (1), absorptivity, transmissivity and reflectivity can be
written as:

b o) Pap
A — YAp
b0 A T) b0 b0

By using the equations (4.14) and (4.15), it is obtained that the sum of the absorptivity, reflectivity and
the transmissivity of an object for a given wavelength is:

aA, T) = p(A,T) = (4.15)

p+t+a=1 (4.16)

By considering eq. (4.13), emissivity is directly related to reflectivity e=1- p for IR nontransparent
bodies. Measurements of the thermal cameras depends on the emissivity of the objects and this factor is
influenced by the material, surface roughness, viewing angle and temperature in addition to wavelength.
Metals and polished surfaces have low emissivity.

Backgroud
radiation, ¢y Ofp
- TmMo IS L Pumse

obiect measuring range

detector/sensor

Figure 4.16: The radiometric chain [3,161].

The measured radiation from an object can be converted to the temperature with the help of the
radiometric chain (Figure 4.16) [3,161]. In this chain, the interested object is assumed to have the
temperature Tmo and it emits the radiation ¢o, reflects ¢y , and transmits ¢y .. In addition, the radiant
power which is detected by the detector is influenced by the radiation from the measuring range ¢ys
(this is due to the bodies between the detector and the interested object such as a thermal camera lens).
The detected radiant power ¢40¢ Can be obtained as [3]:

bget = Tatmsq)ggject(Tobject) + Tamb(l - S)q)amb (Tamb) + (1 — Tatm) Patm (Tatm) (4-17)

Here, £ g ect (Tobject) is the radiant power of the object which is reduced by the transmittance 7,y of
the atmosphere. Tomp(1 — €)Pamb(Tamb) = "Pamb Tamp) IS the reflected radiation from the
surrounding. (1 — Tatm)®Patm (Tatm) 1S the radiant power which is emitted by the atmosphere. Thus the
radiant power of the object can be determined as (note; it is assumed that T, = Tapm and Tam =

Tabm):

e 1- 1- atm
Paet 29 o Ta) —%%tmm"atm) (4.18)

Tatm€ € atm

¢El])3ject (Tobject) =

By using a camera specific calibration curve ¢ instead of the black body radiant power, the temperature
of the object Typjecc Can be obtained:

¢det - (1 - Tatm)d)atm(Tatm)

Tatm

Tobject = (I)Elg_l ( - (1 - E)(I)amb(Tamb)) (4-19)

34



EXPERIMENTAL METHODS

Here, it is necessary to know the emissivity e of the of the object, surrounding temperature T, the
atmospheric temperature T,,,, and the atmospheric transmittance t,.,,. The thermal camera which is
used in the current work calculates the atmospheric transmittance 7., Vvia a software using the
LOWTRAN model [71]. For this calculation, the atmospheric temperature T, the relative humidity
and the measurement distance should be defined in the the software.

4.3.4.2 |IMPLEMENTATION of INFRARED THERMOGRAPHY

In the current work, the aim is to determine the local temperatures of the seal surface based on the work
of Tournerie [150] and Adjemout [163]. Figure 4.17 shows the radiation from the sealing contact. The
thermal camera collects radiative intensity I.,,,, Which is the sum of the radiations from the contact. The
surrounding emits the radiation with radiative intensity I,,,, which strikes the contact and is reflected
by the sapphire disc, the lubricant film and the seal. The sapphire disc emits radiation (I;) as well since
it is not fully IR transparent. I, is reflected by the lubricant film and the seal.

Tournerie et al. [150] measured the transmissivity of an oil sample which is 1 mm thick (Figure 4.17
right). It is found that the transmissivity is higher than 0.9 except for the absorption band 3.3 to 3.6 um.
Therefore, they assumed that the transmissivity is 1 and, the emissivity is negligible for the lubricant
film. Since the lubricant film is also thinner than 1 mm in the current work, the same assumptions can
be made (see also transmittance analysis of an ATF oil in Appendix B, Figure B-1). This leads to
elimination of the lubricant film radiation (1,).

The seal ring emits the radiation (I3). From the atmosphere, radiation (I,.,) is received by the camera.
The camera is placed at a distance 0.2 m from the seal interface. Therefore, the atmosphere
transmissivity 7, is assumed to be 1 while the emissivity €., can be neglected [150, 162]. /.., Can
be written as [150,162,163]:

Icam = Camp lamp + C1 11 + G313 (4.20)
Here, C; are radiometric coefficients which depend on the properties of the media:
B2p, E*Bp, £5B
I ={RT+———)1 ET+———F—) 1 —) 1 4.21
cam < +1—p3R+> amb+< +1—p3R+ 1+(1—p3R+) 3 ( )

Optical coefficients B, R*, R~, E*, E~ are given in Appendix B.
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Figure 4.17: Left: Analysis of radiation components of the sealing contact. Right: Oil transmittivity for
a tickness of 1 mm [150].

liin eq. (4.21) can be expressed with the radiative intensity (lo) of the black body at the same temperature
[163]:

Teare + T
lamp = lo(Tame), 1 =g (Ty = —E72), 1 = 1o(T3) 422
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Here, Ty, T1 and T repreresent the ambient temperature, the mean temperature of the sapphire, and
the temperature of the seal, respectively. The temperature of the sapphire T; is assumed to be the mean
of the seal temperature T5 and the external surface temperature of the sapphire disc Ti,.g. To find the
surface temperature of the sapphire disc a target which behaves as a black body can be stuck on to the
surface of the disc. In the current work, a coated region near the sealing contact is used. To check
whether the coating acts approximately as a black body, the sapphire disc is heated and its temperature
is measured via a thermocouple. The radiation from the coating is determined via thermal camera. Since
the coating is black and matt, it is found that it practically acts like a black body.

5 EXPERIMENTAL RESULTS

5.1 FRICTION TORQUE MEASUREMENTS INCLUDING LEAKAGE and
TEMPERATURE

In this chapter, the results of the experiments which were performed at the universal test rig are

described. It should be noted that the friction torque graphs show the friction torque resulted from two

seals since two seals were tested in each test. On the other hand, the temperature and the leakage results

are shown for individual seals. It should be noted that the temperatures are mean temperatures. In

addition, the error indicators in the graphs represent the maximum and the minimum values.

5.1.1 STRUCTURED SEALS

5.1.1.1 TESTA

5.1.1.1.1 FUNCTION TEST 1 (BEFORE the LONG TERM TEST)

The graphs shown below consists of the results of both the function test 1 and 2. Here, the function test
1 is discussed. The curves which are named as ‘before’ and ‘after’ represent the results of the function
test 1 and 2, respectively.

In the function test 1, extra leakage occurred at the side of the seal 2 which results from one of the screws
of the counterface. Therefore, leakage rates of seal 2 are not considered. It should be noted that this extra
leakage started directly at the beginning of the test and continued until the very end. The screw which
generated extra leakage was located more in the inner diameter direction of the counterface and it was
not close to the seal contact. The near-circumference contact temperatures (T; and T2) and the axial
contact temperatures (TM1 and TM,) are similar for both seal 1 and 2 (Figure 5.2-Figure 5.4). Only at
high pressures and high speeds, TM» becomes considerably lower than TM1. However, such difference
occurs in other tests as well. In addition, T is higher than T at high pressures and speeds. These results
show that the contacts are largely dominated by conditions in the contact area, while the surrounding
conditions, e.g., additional flow do not change the behaviour.

2400

—e— 5 bar - before

---A---5 bar - after
10 bar - before

---a---10 bar - after
15 bar - before

---A--- 15 bar - after
20 bar - before

---A--- 20 bar - after

2000

friction torque (T;), Nmm

0 1000 2000 3000 4000 5000 6000 7000
speed, rpm

Figure 5.1: Friction torque (resulting from two structured seals) in Test A. ‘before’ and “after’ represent
the function tests 1 and 2, respectively.
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The highest friction torque occurs at almost 0 rpm for each pressure (Figure 5.1). At this speed, the
friction torque is proportional to the applied fluid pressure as suggested by Coulomb’s law. With
increasing speed, the friction torque decreases and reaches a minimum value around 1250 rpm for each
pressure. After this, the friction torque increases again. For 20 bar, the difference between the minimum
and the maximum values of the friction torque becomes more distinct. Because, the friction torque is
quite high at the beginning of these speed-pressure steps (Figure 5.5) and it decreases immediately. This
behaviour occurs in other speed-pressure steps as well but it is not as significant as in the high speed
and high pressure combinations. It seems to occur due to running—in process of the seals.

270

o 250 = —&—TML1 - 5 bar - before
‘E 230 T i --4---TM1 - 5 bar - after
qg%) i;g :///"' | TM1 - 10 bar - before
g g 170 'f : --a---TM1 - 10 bar - after
g = T | ®— TML1 - 15 bar - before
% i i --4---TML1 - 15 bar - after
a TM1 - 20 bar - before

--4---TM1 - 20 bar - after

0 1000 2000 3000 4000 5000 6000 7000
speed, rpm

Figure 5.2: Axial contact temperatures for the structured seal 1 in Test A. ‘before” and “after’ represent
the function tests 1 and 2, respectively.

The axial contact temperatures (TM1 and TM>) increase with increasing speed as the friction torque
(Figure 5.2 Figure 5.3). This increase is particularly dramatic at high speeds and high pressures. Both
TM;1 and TM; reach and exceed glass transition temperature of the seal material (also allowable
temperature for these seals). Figure 5.5 shows the behaviour of TM; and TM; during the whole
experiments. As the friction torque, TM2 shows significant peaks at the beginning of high speed and
high pressure steps. This indicates that there is a strong correlation between the friction torque and the
contact temperatures.
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250 —o— TM2 - 5 bar - before
230 --k--TM2 - 5 bar - after
210

TM2 - 10 bar - before
--k--TM2 - 10 bar - after

®— TM2 - 15 bar - before
--k--TM2 - 15 bar - after

TM2 - 20 bar - before
==k=-TM2 - 20 bar - after

axial contact temperature

0 1000 2000 3000 4000 5000 6000 7000
speed, rpm

Figure 5.3: Axial contact temperatures for the structured seal 2. ‘before’ and ‘after’ represent the
function tests 1 and 2, respectively.
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Figure 5.4: Temperatures over the circumferences of (a) structured seal 1 and (b) structured seal 2.
‘before’ and ‘after’ represent the function tests 1 and 2, respectively.
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Figure 5.5: Friction torque and the temperature behaviour for the structured seals during the whole
function test 1.
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Figure 5.4 shows the near-circumference contact temperatures (T1 and T2). It should be noted that the
scales of these graphs are different than that of the (TM; and TM,) to show more details. For a direct
comparison of Ty, T, and TMy and TM, the results of T1 and T, are shown with the scale of TM; and
TM; in Appendix C (Figure C-1). The near-circumference contact temperatures (T1 and T,) increases
with speed as well. However, this increase is not as significant as in the axial contact temperatures. This
indicates that the axial contact is more dominant on the sealing performance than the circumferential
sealing contact.

0.06 detailed view of the mixed lubrication regime
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Figure 5.6: Coefficient of friction values for the structured seals. H.L.: possible pure fluid friction region.
‘before’ represents the function test 1.

Figure 5.6 shows the coefficient of friction with plotted over the Hersey number (coefficient of friction
vs. speed graph is shown in Appendix C, Figure 3). The friction of two seals in the system is assumed
to be equal. The coefficient of friction is calculated by using the friction torque shown in Figure 5.1 and,
the normal force acting on the axial sealing contact. The Hersey number is calculated as viscosity (Pa-s)
times speed (1/s) divided by pressure (Pa). The viscosity is determined as the mean of TM; and TM.
Consequently, a Stribeck like curve is obtained. The curve has some deviations at low Hersey numbers.
This can be because that the classical Hersey number is not sufficient for mixed lubrication or the gap
form changes at high pressures. Another reason can be that the contact heats up dramatically at some
locations and this leads to significantly thinned film regions. Consequently, dramatic local increases in
the coefficient of friction might be occurring.
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Figure 5.7: Leakage rates for the structured seal 1 in Test A. ‘before’ and ‘after’ represent the function
tests 1 and 2, respectively.

The mixed lubrication regime does not exhibit a clear minimum. Instead, the curve is more plateau like
for a broad region in the mixed lubrication. This indicates that solid-solid contact might still be occurring
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until high Hersey numbers. As the Hersey number increases further, the system seems to operate fully
in hydrodynamic lubrication.

Leakage rates of seal 1 increases with respect to speed (Figure 5.7). This can be due to the film formation
in the contact. Although the axial contact warms up (therefore, viscosity decreases), axial sealing gap
seems to get thicker with increasing speed. The leakage values are higher at 5 bar but interestingly, they
are similar at 10 bar, 15 bar and 20 bar except for 6400 rpm. This observation is even valid at O rpm.
This means that the surface irregularities and the peaks which can generate leakage paths were pushed
more with increasing pressure. The effect of the pressure seems to be balanced from 10 bar on. At higher
speeds than 0 rpm, the leakage might be lower for high pressures due to high contact temperatures and
other factors such as elastic deformations of the seal and cavitation formation.

5.1.1.1.2 FUNCTION TEST 2 (AFTER the LONG TERM TEST)

Here, the seal performance after the long term test is described. At 0 rpm, the friction torque values in
the function test 2 are similar to those for the function test 1 (Figure 5.1). This shows that the normal
force acting on the sealing contact is not notably changed. At 5 bar, the friction torque continues to be
similar to that in the function test 1 with increasing speed as well. This behaviour is valid for the
temperatures too although the seals are worn. Brunetiere et al. [33] showed that the surface texturing
can reduce the dependency of friction on surface roughness. However, the current results cannot be
explained just with this phenomenon since it is not observed at other pressures.
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Figure 5.8: Coefficient of friction values for the structured seals. H.L.: possible pure fluid friction region.
‘after’ represents the function test 2.

At 10 bar and 15 bar, the minimum torque occurs at higher speeds than in the function test 1. This does
not seem to be due to the contact temperatures since they are lower in the function test 2. At 20 bar,
hydrodynamic regime does not seem to occur. The friction torque decreases until 3800 rpm and it
increases sharply after this speed. However, this increase is not due to film formation. Excessive contact
temperatures indicate that the seals were about to fail (Figure 5.2Figure 5.3). Figure 5.9a shows that the
rapid increase in the torque occurs at the beginning of high speed and high pressure steps and the friction
torque stabilization takes longer. The temperature at the axial interface of seal 1 (TM1) shows a rapid
increase similar to the friction torque (Figure 5.9b). TM; exceeds the glass transition temperature and
reaches to the critical values. Obviously, the mean friction torque and the mean axial contact temperature
behaviour is the result of the influences of each other.

Figure 5.8 shows the coefficient of friction plotted versus the Hersey number. Due to the excessive
contact temperatures, the coefficient of friction increases drastically at 20 bar. The influence of the
temperature is so dominant that even the Hersey number starts to decrease although the speed increases.
Other than this, no significant deviation is visible in the curve. This can be because that the peaks are
worn and they do not influence the sealing gap significantly.
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Figure 5.9: Friction torque and temperature behaviour for the structured seals during the whole function
test 2.

The leakage rates are lower in the function test 2 for low speeds (Figure 5.7). With increasing speed, the
leakage rates start to reach the leakage levels of the function test 1 except for 20 bar. This might be an
indication for the similar gap heights and full film lubrication both in the function tests 1 and 2. However,
the friction torque results are not same for both of the tests at high pressures and high speeds. It might
be that there are high peaks and macro surface irregularities resulting thin films and a different gap form
in the function test 1. This might lead to higher friction. However, the leakage amount can still be similar
to that in the function test 2. In addition, Brunetiére et al. [33] states that the leakage is controlled by
different parameters:

e Pressure flow due to pressure difference at the seal gap and leakage paths influences leakage.
e Cavitation zones at the contact prevents leakage due to no pressure gradient within the cavitation.
e Roughness and speed can generate either an inward or outward pumping effect.

In the current work, it is known that the surface of the seals changed at macro and micro level but, it is
unknown how this influences the pressure distribution and cavitation. However, it is possible to say that
the leakage paths are changed since the leakage is lower at 0 rpm in the function test 2.

At 20 bar, the leakage rates are low at high speeds as well. This might be because of that the excessive
contact temperatures resulted a kind of relaxation in the seal material. As a result of this, the leakage
paths might be partially blocked.

5.1.1.1.3 TEST A—- COMPARISON of the FUNCTION TESTS 1 and 2

Figure 5.10 shows the comparison of the coefficient of friction values for the function test 1 and 2.
Around 0 rpm, the coefficient of friction values for both of the seals are similar. With increasing Hersey
number, coefficient of friction becomes lower for the function test 2. In addition, the coefficient of
friction reaches to a minimum value and starts to increase earlier. There is no clear minimum value for
the function test 1. Instead, there is a broad mixed lubrication region. In the function test 2, the solid-
solid contact seems to end earlier. The lower contact temperatures in the function test 2 can be an
indication for less solid contact (Figure 5.2 and Figure 5.3).

Hydrodynamic lubrication occurs earlier in the second function test. Classically, the reduction of the
roughness or the temperature can shift the transition from mixed to hydrodynamic lubrication to lower
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Hersey numbers. As stated, the temperatures are lower in the function test 2. However, the roughness of
the seal surfaces increases (Figure 5.13). On the other hand, macro surface features such as
manufacturing errors are worn after the long term test. This might be resulting a more favourable gap.
In addition, the curves of the tests are very similar in the hydrodynamic regime but they do not coincide
completely. This indicates that the gap has changed slightly in the function test 2.
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Figure 5.10: Comparison of the coefficient of friction values for the function tests 1 and 2 of the
structured seals. Region 1 is mixed lubrication for both tests. Region 2 is the hydrodynamic lubrication
for the function test 2 while it is mixed lubrication for the function test 1. Region 3 is mixed lubrication
for the function test 1. ‘before’ and ‘after’ represent the function tests 1 and 2, respectively.
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Figure 5.11: Wear behaviour of the structured seal 1. Flow is in the CW direction. a) The wear pattern
between the structures 4 and 5 (10x). b) The wear pattern between the structures 14 and 15 (10x). ¢) The
seal surface before the tests (100x) d) The detailed view of the wear (100x).
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5.1.1.1.4 TEST A—-WEAR BEHAVIOUR of the SEALS and the COUNTERFACES

Figure 5.11 shows that the seals are worn significantly after the tests. As a positive result of this, the
surface imperfections such as the burrs mostly disappeared which can be a reason of lower friction in
the function test 2. The wear occurs on the unstructured surfaces. The wear pattern changes depending
on the location. This can be due to non-uniform distribution of the lubricant film and the temperature
because of elastic deformations of the seals or the non-uniform initial surface heights. The unstructured
surface over the structures (1) has many short scratch-like patterns and grooves. It seems like high
temperature locations occurred on this area. The unstructured areas between the structures (3) became
broader due to wear particularly in the region at the opposite of the joint. On these areas, there are a lot
of grooves. These grooves can be due to the glass bubbles in the sealing material. Although the glass
bubbles are embedded 50 — 60 um under the surface, some of them might be reaching to the surface and
be destroyed. The transition area (2) between the areas (1) and (3) looks smooth with a few scratches.

[1]13 pm -- Inner
[2] 12.5 pm diameter
0 2220.7 (um)

Inner
diameter

0 2220.7 (um)

Figure 5.12: The radial surface profile between the two structures of seal 1: a) before the tests, b) after
the tests.

Overall, the structures kept their initial profile. However, they became slightly shorter since the flat
areas between the structures became broader. In addition, the geometry of the right and the left edges
are changed. The profiles of the seals are changed as well in the radial and the circumferential direction.
The manufacturing errors between the structures are flattened (Figure 5.12). This can influence the film
formation since it influences the gap form. These manufacturing errors were resulting a divergent form.
When they disappeared, the gap form might become more convergent with the pressure. Therefore, the
hydrostatic load reduction might have been higher in the function test 2.
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Figure 5.13: Surface roughness parameters of structured seal 1 and 2 before and after the tests.
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The roughness parameters Sq, Sk, Spk, Svk increase after the tests (Figure 5.13). Particularly, Svincreased
significantly. This indicates that the deeper valleys took place on the sealing surface after the tests. Also,
skewness Ss becomes negative. This shows that the peaks are mostly removed and the deep scratches
or valleys are dominant on the seal surfaces. Kurtosis also increased after the tests.
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Figure 5.14: a) Surface roughness parameters of the counterfaces 1 and 2 before and after the tests. b)
The wear track on counterface 1. ¢) The wear track on the structured seal 1.

It has been suggested that negative skewness and high kurtosis values lead to lower friction in mixed
lubrication regime [164,165]. Sedlacek et al. [164] introduced micro-dimples on a surface. This surface
is characterized by a wide spacing between the dimples and the small dimple depths which yields a high
kurtosis and a negative skewness. In the current case, the kurtosis, skewness and the depth of the valleys
might have become favourable after the long term test. This might be one of the reasons for the lower
friction and temperatures in function test 2. It should be noted that the roughness and the profile
measurements are made after all of the tests but not directly after the long term test (therefore, not before
function test 2). During the function test 2, the seal surfaces might have been still changed due to the
high contact temperatures.

In contrast to the seals, the counterfaces are polished after the tests. The roughness parameters Sq, Sk,
Spk and Sy decreases (Figure 5.14a). The peaks and the valleys of the counterface 2 become shorter and
shallower, respectively due to the decrease in Spc and Sw. While the skewness values (Ss) becomes
more negative, the kurtosis S, does not change significantly. The wear track on the counterfaces
corresponds to the wear band over the structures on the seals (Figure 5.14b, ¢). The unstructured areas
between the structures do not generate any visible wear track on the counterfaces since they are small.

5.1.1.2 TESTB

The results of Test B are shown in Appendix C (Figures C-3-10). Overall, the performance of the seals
is very similar to those in Test A. However, the friction torque and the axial contact temperatures TM;
and TM rises dramatically at high speeds and 20 bar in the function test 1 of Test B. At these test steps,
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the leakage is also high. Despite of this, the seals manage to function during the long term and the
function test 2.

In the tests, the surfaces of the seals damaged severely. Due to the wear, the height difference between
the worn surface and the non-contacting surface at the outer diameter of the seal reached at tenth of
microns. The sealing material started to melt and flow into the structures. Structures are worn as well.
The divergent halves of the structures are worn more than the convergent halves. This can be attributed
to the cavitation formation in the divergent zones.

5.1.1.3 COMPARISON of TEST A and TEST B

Figure 5.15 shows the comparison of the function tests of Test A and Test B. The behaviours of the
seals are very similar at high Hersey numbers (i.e. hydrodynamic regime). It seems that the features
leading to the hydrodynamic regime do not change from one test group to another significantly. This
indicates that the structures might be the dominant surface features on lubrication.
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Figure 5.15: Comparison of the friction tests of the structured seals.

5.1.1.4 CONCLUSION
The results below can be drawn from the friction tests of the structured seals:

e It is demonstrated that the friction torque behaviour is directly related with the axial contact
temperatures. The results show that the lubrication is dominated by the axial contact temperatures
instead of the sump temperatures.

e At high pressures and temperatures, the seals seem to operate mostly in mixed lubrication.

e Combination of high speeds and 20 bar seems to be critical for the structured seals. Under these
conditions, high friction torque and high contact temperatures are observed. Some seals started to
melt. Therefore, the seal operation limits might be lower than suggested.

¢ High temperature seems to occur in the outer diameter direction. The unstructured surfaces over the
structures are the most worn surfaces. The structures are not changed dramatically after the tests.
They became slightly shorter. The divergent halves of the structures wear more probably due to
cavitation formation.

e Afterthe long term tests, the separation of the seal and the counterface surfaces seem to occur earlier.
This probably due to the wear of the manufacturing errors and the burrs.

e Both for the function tests 1 and 2, the behaviour of the seals is not very different in hydrodynamic
lubrication. This shows that the structures might be the dominant surface features on lubrication.
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5.1.2 STANDARD SEALS

5121 TESTC

5.1.2.1.1 FUNCTION TEST 1 (BEFORE the LONG TERM TEST)

In test C of the standard seals, extra leakage occurred at the side of the seal 1 which results from one of
the screws of the counterface. Therefore, leakage rates of seal 1 are not considered. This extra leakage
does not influence the contact temperatures since the contact temperatures of seal 1 is not notably
different than those of seal 2 (Figure 5.18 and Figure 5.19).
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Figure 5.16: Friction torque (resulted from two standard seals) in Test C. ‘before’ and “after’ represent
the function tests 1 and 2, respectively.

In the first function test, friction torque decreases until 420 rpm and then it increases slightly (Figure
5.16). As in the structured seals, the torque is higher at the beginning of each speed — pressure step
probably due to the running-in process (Figure 5.17a). The behaviour of the friction torque is very
similar to that of the axial contact temperatures (Figure 5.17b).
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Figure 5.17: Friction torque and temperature behaviour during the whole function test 1 of the standard
seals.
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Figure 5.18: Axial contact temperatures for (a) standard seal 1 and (b) standard seal 2 in Test C. ‘before’
and ‘after’ represent the function tests 1 and 2, respectively.

The axial and the circumferential contact temperatures increase with pressure and speed (Figure 5.18
and Figure 5.19). The axial contact temperatures (TM; and TM) reach to glass transition temperature
earlier than the structured seals. The near-circumferential contact temperatures (T; and T2) are also high.
They almost reach to the glass transition temperature as well. It should be noted that the scales of the
graphs of Ty and T, are different than that of the (TM; and TM,). For a direct comparison of T, T, and
TM; and TMy, the results of T, and T, are shown with the scale of TM; and TM; in Appendix C (Figure
C-11).

Figure 5.20 shows the coefficient of friction with plotted over the Hersey number. It should be noted
that the steps of the standard seals are not subtracted from the contact area while calculating the
coefficient of friction. This is for the comparison with the numerical results in the future work. The
coefficient of friction decreases at the beginning. After reaching a minimum, it starts to increase. At
high Hersey numbers, the lubrication regime might be hydrodynamic lubrication. However, the
coefficient of friction curve is quite steep in this region. Therefore, the lubricant film might be thin.
Consequently, the contact temperatures can increase fast and the lubricant film might be rupturing at
some point again. In addition, the coefficient of friction increases almost vertically at some Hersey
numbers. This shows that the contact temperatures become too high and more dominant than the speed.
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Figure 5.19: Temperatures over the circumferences of (a) standard seal 1 and (b) standard seal 2. ‘before’
and ‘after’ represent the function tests 1 and 2, respectively.
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Figure 5.20: Coefficient of friction values for the standard seals. H.L.: possible pure fluid friction region.
‘before’ represents the function test 1.

The leakage rates of the seals do not change significantly with speed. They increase slightly with
increasing pressure (Figure 5.21). This can be because that the lubricant film thickness at the axial
sealing contact does not change. It might even be that the seals do not even run in full hydrodynamic
regime at during the experiments. Another reason can be that the leakage paths are initially big (like
joint) and the leakage which is resulted from these paths are much higher than that of the lubricant film.
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Figure 5.21: Leakage rates for the standard seal 2. ‘before” and ‘after’ represent the function tests 1 and
2, respectively.

5.1.2.1.2 FUNCTION TEST 2 (AFTER the LONG TERM TEST)

In function test 2, the seals did not hold the pressure until 2550 rpm (Figure 5.16). When the seals held
the pressure again, the generated friction torques are very similar to those in the first function test except
for the high pressure and high speed combinations. The friction torque and the contact temperatures are
significantly high at high pressures and high speeds. Under these conditions, the maximum axial contact
temperatures are around 300 °C which is close to the melting temperature of the seal material. The
behaviour of the axial contact temperatures (TM1 and TM,) correlate with the behaviour of the friction

torque as in the other tests (Figure 5.23). It should be noted that TM; mostly could not be measured due
to the signal loss.
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Figure 5.22: Coefficient of friction values for the standard seals. ‘after’ represents the function test 2.

Figure 5.22 shows the calculated coefficient of friction values. Many points are zero due to the loss of
pressure during the experiment. On the other hand, the calculated points indicate that the contact
temperatures were very high during the experiment. These high temperatures result so low viscosities
that the Hersey number decreases while the speed and the coefficient of friction are increasing.
Consequently, the coefficient of friction curves change their direction.
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Figure 5.23: Friction torque and temperature behaviour during the whole function test 2 of the standard
seals.

The leakage rates (Figure 5.21) are very high at the beginning of function test 2 due to the loss of
pressure. When the seals held the pressure, leakage decreases and it is lower than that in the first function

test. Leakage rates increases with increasing pressure. On the other hand, the influence of speed on
leakage is quite low.

5.1.2.1.3 TEST C- COMPARISON of the FUNCTION TESTS 1 and 2

Due to the loss of pressure in the function test 2, it is not possible to make a reliable comparison of the
function tests 1 and 2. However, the measured coefficient of friction for both of the tests are similar at
5 bar (Figure 5.24). For higher pressures, the seal surface warms up critically in the function test 2.
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Figure 5.24: Comparison of the coefficient of friction values for the function tests 1 and 2. ‘before’ and
‘after’ represent the function tests 1 and 2, respectively.

5.1.2.1.4 TEST C-WEAR BEHAVIOUR of the SEALS and the COUNTERFACES
The seals worn severely after the tests (Figure 5.25). The height difference between the non-contacting
seal surface and the seal surface in contact with the counterface is tenth of micrometeres (Figure 5.25c).
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Due to the wear, the pores are dissappeared. The glass bubbles which were at subsurface started to stick
out of the surface (Figure 5.25b). Some of the measured glass bubbles protrude up to 16 um which can
rupture the lubricant film.

After the tests, the non-contacting area seems to become shorter (it is 300 um when the system is
stationary and the seal is untilt). This is probably due to the melting of the seal material. The seals seem
to heat more at the outer diameter of the counterface. Consequently, the material melts and generates a
ridge at that region (Figure 5.25c). Also, some patches looks like burned areas are visible on the seal
surface at that region (Figure 5.25e, area 1). These patches are randomly distributed. At area 2, less
patches are visible. On the other hand, there is no damaged patches at area 3. The surface looks rather
polished in the inner diameter direction.

~ Non-contacting area = 218.54 um

Contacting seal face= 884.86 pm

Non-contacting area I 62.3
e
20 =
Contacting 0 =
seal face -20 S

Y.
AN oA MG A e Bt
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Figure 5.25: a) Wear behaviour of the standard seal 1 (10x). Flow: CW. b) Height distribution of (a). c)
Radial profile of seal 1 after the tests. d) Seal surface before the tests (100x) ) Detailed view of the
worn seal surface (100x); 1) severe damage 2) medium damage 3) polished, less damaged surface.

Figure 5.26 shows the change in the roughness parameters of the seals and the counterfaces after the
tests. To measure these roughness parameters of the seals, the areas without the glass bubbles are
selected. Overall, the roughness parameters of the standard seals are not very different than those of the
structured seals. This is also valid for the counterfaces.
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After the tests, Sq and Sk of the standard seals decrease slightly. On the other hand, skewness does not
show a common behaviour. While it indicates that the surface of seal 1 has more peaks after the tests,
the second seal surface is dominated by the grooves.

According to the friction results, the surface features of the standard seals seem to be not sufficient to
generate an optimum lubricant film. The depth of some micro pores on the unworn seals are very deep
this might lead to film rupture. Similarly, some glass bubbles which stick out the surface and are very
high can influence the film negatively. They might be the reason of high contact temperatures.
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Figure 5.26: Surface roughness parameters of (a) the standard seals 1 and 2 and, (b) the counterfaces 1
and 2 before and after the tests. ¢) Profile of a glass bubble sticking out the seal surface.

5122 TESTD

In test D, the standard seals failed at the end of the function test 1. They melted due to the high contact
temperatures hence, the second function test could not be performed. The results of the function test 1
is shown in Appendix C (Figures 13-20). The friction torque and the contact temperatures increase
dramatically at 6400 rpm and 20 bar. The seals seem to fail at this step. On the other hand, the leakage
rates are not very high. The melted seal material seems to block the leakage paths.

5.1.2.3 COMPARISON of TEST C and TEST D

Since the seals in test D melted after the function test 1, test C and test D is only compared via the
function test 1 (Figure 5.27). In general, the coefficient of friction values and the contact temperatures
are higher in test D. Therefore, probably the lubricant film is thinner.

The coefficient of friction curves of the tests C and D do not coincide when they are plotted over Hersey
numbers. This indicates that the contact features are not similar in these tests. The roughness parameters
of the seals in test D are higher. Furthermore, the seals might be warming up in a different manner which
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can result different gaps in the tests. These might be the reason of the offset between the coefficient of
friction curves.

The coefficient of friction curves reach the minimum value at the same Hersey number for both tests.
After the minimum, the curves increase with a very steep slope. Therefore, the lubricant film seems to
be very thin in both tests.
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Figure 5.27: Comparison of the coefficient of friction values for the function tests 1 of the standard seals.
‘before’ represents the function test 1.

5.1.2.4 CONCLUSION
The results below can be drawn from the friction tests of the standard seals:

e As in the structured seals, the friction torque behaviour is directly related with the axial contact
temperatures. Understanding the axial contact temperatures are essential to understand the
lubrication conditions.

e Standard seals warm up significantly and they reach to critical temperatures quickly. High contact
temperatures occur in the warm patches in the outer diameter direction of the seals.

e Combination of high speeds and high pressures is critical for the standard seals. Many of the test
seals melted under these conditions. The operational limits of the standard seals seem to be lower.

e The surfaces of the standard seals wear severely. As a results, some glass bubbles starts to stick out
the surface. These glass bubbles are quite high, Therefore, they can rupture the lubricant film.

e The coefficient of friction curves indicates that the lubricant film is thin for the standard seals. This
seems to lead to high contact temperatures and consequently, the rupture of the film. Therefore, the
micro pores on the seal surfaces seems to be not sufficient to generate a lubricant film.

e The leakage rates are almost constant with increasing speed for the standard seals. Therefore, the
film thickness probably does not increase with increasing speed and the film thickness seems to be
quite low. Hence, the leakage from the axial seal contact might be very low compared to that from
the joint.

5.1.3 COMPARISON of the STRUCTURED and the STANDARD SEALS

Figure 5.28 shows the comparison of the friction coefficient curves of the standard and the structured
seals. In the function test 1, the standard seals have slightly lower coefficient of friction than the
structured seals in mixed lubrication. In addition, the coefficient of friction of the standard seals reach
to a minimum value earlier. This might be because of the steps on the surfaces of the standard seals.
These steps are much deeper than the structures of the structured seals. Therefore, the steps can provide
a higher reduction in the shear force (and thus the friction) within the lubricant film. On the other hand,
the coefficient of friction values become higher after reaching the minimum for the standard seals. The
increase in the coefficient of friction is quite sharp with increasing Hersey number. It seems like the
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standard seals have a thinner lubricant film. The hydrodynmic effects seems to be not sufficent to
provide an optimum film.
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Figure 5.28: Comparison of the structured and the standard seals. The friction tests of the structured
seals are the tests A and B. The friction tests of the standard seals are the tests C and D.

In the function test 1, the structured seals have a broader mixed lubrication but they provide a reduction
in the coefficient of friction up to 25 % in the possible hydrodynamic regime. The reduction in the
coefficient of friction seems to be the result of the hydrodynamic load reduction of the structures.
Furthermore, the structured seals have coinciding curves in hydrodynamic regime. On contrary, the
standard seals result different coefficient of friction curves when they are plotted over Hersey number.
This indicates that the structures dominates the lubricant behaviour in hydrodynamic regime. In the
function test 2, a sufficent data is not available for the standard seals but they seem to have higher
coefficient of friction values at high Hersey numbers.
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Figure 5.29: Comparison of the axial contact temperatures of the structured and the standard seals. ‘mean

struc’ and ‘mean sta’ represent the mean temperatures for the structured and the standard seals,
respectively.

Comparison of the axial contact temperatures and the leakages of the structured and the standard seals
are shown in Figure 5.29-Figure 5.30. These graphs are not shown per tests. They are the mean of the
tests A and B for the structured seals and, the mean of the tests C and D for the standard seals. It should
be noted that the contact temperatures of the standard seals should not be considered up to 2550 rpm in
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the function test 2 due the pressure loss. The contact temperatures are higher in the standard seals. As
mentioned earlier, this probably leads to a thinner film in the standard seals. As a result, the standard
seals wear severely. On the other hand, both the structured and the standard seals suffer from high
contact temperatures at high speeds and 20 bar. Particularly, the standard seals cannot operate under
these conditions.
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Figure 5.30: Comparison of the leakage rates of the structured and the standard seals. ‘mean struc’ and
‘mean sta’ represent the mean leakages for the structured and the standard seals, respectively.

The leakage rates of the structured seals are higher due to the surface structuring. Their leakage rates
increase with increasing speed. This might be because of that the structured seals might be operating in
hydrodynamic regime at high speeds. Consequently, the lubricant film thickness might be increasing
with increasing speed. On the other hand, this is not valid for the standard seals. This indicates either
there is no real hydrodynamic lubrication or the film is very thin thus, the leakage is low compared to
the leakage of the joint.

5.2 RESULTS of the OPTICAL EXPERIMENTS

5.21 CAVITATION FORMATION

5.2.1.1 STRUCTURED SEALS

Figure 5.31a shows the cavitation formation at 500 rpm, 20 °C and 5 bar. The rotation direction is CCW
and this configuration is kept identical during all of the experiments. In the divergent zone of the
structure (area 3a), pressure decreases and the lubricant film ruptures. Consequently, cavitation forms
within the structure. Cavitation consists of gas regions and liquid streamers. This fits to the film rupture
boundary conditions of Swift-Stieber and JFO cavitation theories. These theories assume Poiseuille flow
is zero in the axial and the circumferential direction within the cavitation region and the lubricant is
carried through the streamers via the Couette flow [26,38,39,43,44].

Figure 5.31b shows a seal ring with numbers which represent the structure positions on the axial seal
face. The cavitation formation between the positions 1 and 28 is shown in Figure 5.31c-m for 1250 rpm,
20°C and 5 bar. Overall, the cavitation region has a curvy shape at the rupture boundary. This is probably
due to the shape of the seal surface. Cavitation is inclined at the reformation boundaries. The cavitation
region expands at the bottom. This may be due to the radial tilt of the seal. Cavitation is pushed towards
the outer diameter at the reformation boundary side (Figure 5.31f, position 7). This seems to be because
pressurized oil enters to the contact via the deep part of the structure and pushes the cavitation outwards.
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Figure 5.31: Cavitation formation within the structures a) at 500 rpm, 20 °C (sump temperature) and 5
bar b-m) at 1250 rpm. The flow direction is CCW.

Depending on the position, some differences are visible in the size and morphology of cavitation.
Particularly, cavitation is pushed towards the outer diameter direction less between the position 21 and
8. Surface irregularities and non-uniform film distribution may be the reasons for the differences in
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cavitation. These position are also close to the joint where the lower film thickness is expected. Around
the joint, there are also extra cavitated areas in the unstructured zones. This can be an indication for the
lower film thickness. Micro-surface features might be generating inter-asperity cavitation at low film
thicknesses. At position 28, the cavitation form is quite different. This is due to the seal surface is
different at this position. The edge of the structure is straight.

5.2.1.2 CAVITATION AREA RATIO and the FILM THICKNESS DISTRIBUTION over the
SEAL SURFACE

Figure 5.32a shows the cavitation area ratio with respect to the structure position over the sealing

interface at different speeds and sump temperatures. At 70 °C, cavitation area ratio increases with

increasing speed. On the contrary, it does not change significantly with speed at 20 °C. With increasing

temperature, cavitation becomes smaller due to a decrease in the lubricant viscosity.

Cavitation is bigger at positions 27, and 28 which are near the joint. At 70 °C, cavitation becomes smaller
between the positions 8 and 21. This might be because of the thermal deformation of the seal which can
lead to a non-uniform film distribution. Cavitation do not show this trend clearly at 20 °C since there
are some deviation at the positions 13, 15 and 16.
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Figure 5.32: a) Cavitation area ratio and b) fluorescence intensity over the seal circumference. P=5 bar.
Flow is CCW.

The average fluorescence intensity of each structured section is determined at the unstructured surface
of the seal (Figure 5.31, area 1) to obtain the film distribution. Figure 5.32b shows the results. It should
be noted that the fluorescence intensities at 20 °C and 70 °C cannot be compared without calibration
since the fluorescent intensity depends on temperature. The fluorescence intensity is higher in the region
between the structures 8 and 21. This shows that the film distribution is non-uniform and the film is
thicker in the region at the opposite of the joint. It seems like there is a waviness with one peak over the
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seal circumference. Also, the fluorescence intensity decreases significantly at the left half of the joint
while it is increasing at the right half. This indicates that the cross section of the seal might be twisted
at the joint.

The film thickness curve seems to show opposite behaviour of the cavitation curve. These results
indicate that the cavitation has a correlation with the film thickness. For a given speed and pressure,
cavitation area ratio seems to decrease with increasing film thickness.

5.2.1.3 STANDARD SEALS

Figure 5.33 shows the cavitation formation at the different locations of a standard seal interface. The
step of the seal face is filled with pressurized lubricant. Cavitation occurs at the seal face which is in
contact with the counterface. It is randomly distributed (Figure 5.33a). It should be noted that there are
some big size non-exploded glass bubbles on the seal surface (Figure 5.33b-2). These glass bubbles are
very seldom but they reflect the light. Therefore, they should not be confused with cavitation.
Furthermore, these bubbles should not be taken into account during the film thickness measurements.
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Figure 5.33: Randomly distributed cavitation at the different locations of the standard seal interface at
100 rpm, 20 °C (sump temperature) and 5 bar. Rotation direction is CCW.
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Cavitation seems to occur mostly around the micro-pores but not within the pores (Figure 5.33b-1). It is
distributed to a larger zone than the visible pores. When the contrast of the photos is adjusted (Figure
5.33b-2), it is visible that there are smaller micro-pores in the cavitation zone in addition to the bigger
pores. Therefore, cavitation seems to occur due to the surface irregularities which are caused by the
fillers. There are also cavitation zones without any visible pores. Surface asperities might be resulting
in inter-asperity cavitation.

In the region at the opposite of the joint, cavitation forms more in the outer diameter direction. There is
no significant cavitation in the inner diameter direction (Figure 5.33c). It can be because of that the seal
ring tilts and generates a converging gap. This can enable more pressurized oil to enter the contact. As
a result, cavitation might be pushed outwards. The wear behaviour of the seals (see Chapter 5.1.2.1.4)
also correlates with the cavitation formation and indicates that there might be a radial tilt.

Around the joint, the number of the cavitation zones decreases. Furthermore, cavitation mostly occurs
in the inner diameter direction (Figure 5.33e-f). This can because the film thickness decreases around
the joint. The film thickness might only be sufficient to form cavitation in the inner diameter direction
due to the penetrating pressurized oil. The change in the cavitation formation around the seal
circumference shows that the standard seals might be deforming circumferentially and radially during
the operation.

The rotation of the standard seals sometimes accelerates. Figure 5.33d shows a photo of the contact
while the seal is accelerating. The cavitation is extended and looks as dull white lines. This seems to
occur due to the exposure time of the CCD camera. The rotation of the seal depends on the force balance
(Chapter 2.8.2). Therefore, the acceleration can be due the lubricant starvation in the axial gap. This can
result in a high friction force between the seal and the counterface.

The change in the cavitation formation around the joint shows that the standard seal might be deforming
circumferentially during the operation in addition to the radial tilting as in the structured seals and the
radial tilt is changing over the seal interface.

Overall, the standard seals seem to operate under unbalanced conditions. Cavitation seems to occur due
to the macro and micro surface irregularities. Inter-asperity cavitation indicates that the lubricant film is
thin even at high speeds.

10

3
s 8
£ Film thickness
E g © measurement area
=3 Flat area gty
23 : Deep t Z
278 i T Doy X
~ SCalibraton | | Pt Z
g 2 O e S
E

0 500 1000 1500 2000 2500 3000

length, pm
e0rpm <100 rpm 500rpm 1000 rpm = 1500 rpm e 2500 rpm

Figure 5.34: Hydrodynamic film thickness distribution within the calibration area at different speeds for
the structured seals. The sump temperature is 20 °C. Pressure is 5 bar.

5.2.2 FILM THICKNESS MEASUREMENTS

Figure 5.34 shows the hydrodynamic film distribution within the calibration area for a structured seal at
20 °C and 5 bar. The lubricant film thicknesses fluctuate. This is due to the error in the calibration. The
calibration is performed at O rpm and there were some laser speckles. However, when the counterface
rotates, micro surface features of the sapphire disc rotate as well and they refract the laser at different
directions. This results in a more uniform distribution of the laser over the contact. Another error is that
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the position of the measurement area is not completely the same with the calibration area due to rotation.
In addition, surface irregularities in the laser microscope measurements could be included in the
calibration. Furthermore, the elastic deformations of the seal during the operation can generate
deviations in the results since they are not considered in the calibration.

The hydrodynamic film thickness increases as speed increases. This increase is higher for the low
speeds. Normally, film thickness would increase with speed in a degressive non-linear way at a constant
temperature and pressure (see Chapter 6.2.1.4.3). However, the film thickness shown here is almost
constant and even has a tendency to decrease after 1000 rpm. This is probably due to the high contact
temperatures thus the lower viscosity.

Figure 5.35 shows the average hydrodynamic film thicknesses for the structured and the standard seals.
These film thicknesses are measured within the film thickness measurement area in Figure 5.34. In
Appendix A (Figure A-2), the film thicknesses which are measured in the measurement and the
calibration areas are compared. The results seem to be similar for both measurement and calibration
areas. This shows that the LIF method provides consistent results.

At 100 rpm, the average hydrodynamic film thicknesses are similar for both seal type (Figure 5.35).
Later on, it increases rapidly for the structured seal and becomes almost constant at high speeds. On the
other hand, the average hydrodynamic film thickness decreases with increasing speed for the standard
seal. This can be due to the high contact temperatures which are observed in the friction tests of the
standard seals. It should be noted that, it was problematic to capture the photos of the standard seal
contacts at high speeds as they rotate fast and sometimes accelerate. Therefore, the error in the film
thickness measurements of the standard seals might be higher than that in the structured seals.
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Figure 5.35: The average hydrodynamic film thicknesses at 20 °C and 5 bar for the structured and the
standard seals. The measurement area is the film thickness measurement area shown in Figure 5.34.
Error bars show the maximum and the minimum film thickness.

5.2.2.1 RELATIONSHIP between FILM THICKNESS, COEFFICENT of FRICTION and
CAVITATION AREA RATIO

In this chapter, the lubricant film thickness, coefficient of friction and the cavitation area ratios are

compared for the structured seals. This comparison is not performed for the standard seals since the

cavitation is randomly distributed.

Figure 5.36a shows the coefficient of friction with plotted over the Hersey number. This coefficient of
friction is calculated via the friction torques which are measured in the optical test rig. The lubricant
viscosity is determined according to the near-contact temperature Figure 5.36¢c. The coefficient of
friction curves for 20 °C and 70 °C do not coincide. This may be because of thermally induced elastic
deformation of the seal which can lead to a different gap. Hydrodynamic lubrication seems to start
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around a Hersey number of 0.35-10°. This corresponds to 250 — 300 rpm for 20 °C and 1250 rpm for
70 °C under 5 bar pressure.

Film thickness and cavitation area ratio are plotted with respect to speed in Figure 5.36b. Although the
film thickness and the cavitation area ratio are measured locally (in the region at the opposite of the
joint), their behaviour can be correlated with the coefficient of friction. At 100 rpm, 20 °C and 5 bar,
the film thickness is around 2 um. However, the seal does not seem to be fully in the hydrodynamic
lubrication regime according to the coefficient of friction measurements. The film thickness is not
measured for 70 °C due to the fluorescence quenching with temperature.
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Figure 5.36: a) Coefficient of friction. b) Cavitation area ratio and hydrodynamic film thickness. ¢) Near
contact temperature. d) Influence of pressure on cavitation. H.L.: hydrodynamic lubrication.

For 20 °C, both the film thickness and the cavitation area ratio increase rapidly at the initial speeds. The
increase is not significant at high speeds. The trend of the cavitation area ratio may be divided into three
sections in relation with film thickness; (1) linear, (2) transition, and (3) saturation. In the linear region,
cavitation area ratio increases almost proportional to speed. This region corresponds to mixed lubrication
and hydrodynamic lubrication with a thin film. In the transition region, the increase in the cavitation
area ratio becomes lower. The seal is in the hydrodynamic regime. Finally, the cavitation area ratio is
nearly constant in the saturation region. The film is quite thick. The reasons for the transition and the
saturation regions could be contact temperature and film thickness. An increase in the contact
temperature leads to a lower viscosity. At thick films, the contribution of the structures to the pressure
generation becomes lower. The design of the divergent zone of the structure also somehow restricts the
increase in cavitation size (see Chapter 6).
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At 70 °C, cavitation starts to occur at higher speeds and is smaller due to a lower viscosity. Linear and
transition regions are visible as in 20 °C. The saturation region seems to occur at higher speeds.

The influence of pressure on cavitation is shown in Figure 5.36d. A higher pressure leads to smaller
cavitation for a given speed in this system. Because the increased sump pressure leads to a higher overall
pressure. The results indicate that there is a strong correlation between lubricant film thickness and
cavitation.

5.2.2.2 DETERMINING ELASTIC DEFORMATIONS of the SEALS via LIF METHOD

Pressure and temperature induced deformations of the seals can be determined via the film thickness
distribution over the seal interfaces. These deformations can be global as well as local. In this chapter,
only the elastic deformations of the structured seals are investigated. Because it is easier to record the
same locations on the structured seal faces at different speeds thanks to structures.
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Figure 5.37: Left: The change in the inclination of the converging plane of structure 16 with increasing
speed. Sump temperature and pressure are 20 °C and 5 bar, respectively. Right: Structure 16 with the
concentrated pressure and the film thickness measurement areas.

The fluorescence intensity distribution over the structured seal interface is already discussed in Chapter
5.2.1.2. It is concluded that the film thickness is lower at the joint. The gap has a waviness with one
peak. In addition, the cross section of the seal might be twisted. Here, the local deformations are also
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investigated. For this, the inclination of the convergent half of a structure is investigated. Because the
lubricant pressure is expected to concentrate within the convergent gap. This can deform the convergent
half of the structure.

The inclination of the convergent plane is detected by fitting a first degree polynomial curve to the film
thickness profiles as shown in Figure 5.37. The change in the inclination with increasing speed is an
indication of the elastic deformation. There is no detectable change in the inclination of the structure
when the speed is increased when accelerating from 100 rpm to 500 rpm. However, the inclination of
the structure seems to decrease by 230 pirad when the speed is increased from 100 rpm to 1000 rpm. On
the other hand, the decrease in the inclination is 100 um when the speed is increased from 100 rpm to
1500 rpm.
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Figure 5.38: Left: The radial tilt of the structure 16. Sump temperature and pressure are 20 °C and 5 bar,
respectively. Right: Structure 16 with the fluorescence intensity measurement area.

The results show that the structure does not deform significantly at low speeds in the circumferential
direction. With increasing speed, the inclination of the left half of the structure, where the pressure
generation occurs, starts to decrease. This decrease is lower at 1500 rpm than that at 2000 rpm. However,
the magnitude of the change in the inclination of the structure is same. It should be noted that the
deformations are investigated only for one structure. In order to predict the average change in inclination
of the structures, other structures should also be investigated. Furthermore, increasing contact
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temperatures can lead to fluorescence quenching, which can manipulate the lubricant film thickness
distribution. As a result, elastic deformations may be determined inaccurately. Here, the near-contact
temperature increases up to 34 °C at 1500 rpm (Figure 5.36). Therefore, no significant decrease in
fluorescence intensity due to temperature is expected. Also, the convergent half of the structure heats
up locally from left to right. If the fluorescence intensity was decreasing locally due to temperature, the
film thickness would have decreased from right to left (opposite direction of fresh oil supply). However,
when the fluorescence film thickness values between the positions 1000 pum and 2500 pum are examined,
it is visible that the film thickness values have slightly declined in the direction of the fresh oil supply
(from left to right) when accelerating from 100 rpm to 1500 rpm (Figure 5.37). Therefore, the slopes of
the film thickness curves do not seem to change due to fluorescence quenching.

Similarly, the radial tilt is also investigated in the radial direction (Figure 5.38). The radial distribution
of the film thickness represents a divergent gap. This can be attributed to deviations from flatness
between the structures. These deviations from flatness might not be disappear completely when the
pressurized oil is supplied. By fitting a first order polynomial curve to the film thickness values, it is
found that the seal section becomes more divergent in the measurement area. This can be because the
areas deviating from flatness heats up and expands (see Chapter 5.2.3). When accelerating from 100
rpm to 1500 rpm, the gap tilts at the order of thousand prad. This magnitude seems to be reasonable for
the current application.

To conclude, laser induced fluorescence method can be used to detect elastic deformations of the seals.
However, a comprehensive calibration is necessary for reliability. The current calibration is developed
for a small area. However, the fluorescence intensity distributions can be used to have an opinion about
the elastic deformations without calibration.

5.2.3 RESULTS of the INFRARED THERMOGRAPHY

5.2.3.1 STRUCTURED SEALS

Figure 5.39 shows the local temperatures at the face of a structured seal at 2500 rpm, 20 °C and 5 bar.
These temperatures are calibrated (see Chapter 4.3.4) and thus, the heating up of the seal is obtained.
The temperature photographs were made at different structure positions after the start of the rotation.
Hence, the temperature was not balanced. Each photo shows a structured section with the deep part
(groove) and the inclined planes of the structure and the flat surfaces.

Figure 5.39b shows the structure 16 after 82 seconds from the start of the rotation. The temperature is
the lowest within the deep part of the structure. The convergent zone of the structure has low temperature
as well. Within the divergent zone of the structure, the cavitation zone with the liquid streamers is
visible. It looks as if it is not warm. However, this might be due to the low emissivity of the cavitation
zone or different refraction index of gas. Furthermore, the gas has a different heat dissipation behavior.

The seal is warmer at the unstructured surfaces. Particularly, the unstructured surface near the cavitation
zone heats up (Figure 5.39d). The warm area over the cavitation extends until the middle of the
convergent zone of the structure. A small portion of the unstructured surface over the left half of the
structure (convergent gap) is colder. This can be attributed to two properties of the structures; elastic
deformations and the fresh oil distribution. The pressure generation in the convergent zone of the
structure might cause an elastic deformation (Chapter 5.2.2.2). Thus the lubricant film thickness might
be slightly higher at that region. However, further investigation is necessary to correlate the local
temperature development with the elastic deformations.

Currently, the fresh oil distribution over the seal contact seems to be a more reliable explanation for the
local temperatures. The fresh oil enters to the seal interface through the deep part of the structures which
are open to the pressurized oil. From the convergent gap, the fresh oil can be supplied to the flat surface
over the left half of the structure due to the pressure gradient. On the contrary, cavitation forms within
the divergent gap and generates a low pressure zone. This zone can attract more fresh oil from the inner
diameter. However, this oil cannot be transferred efficiently through the cavitation to the flat area over
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the structure. Also, the cavitation can only attract air from the outer diameter. Therefore, the flat area
over the right half of the structure seems to be warmer due to insufficient fresh oil supply. On the other
hand, the high temperatures at the unstructured surfaces between the structures seem to be due to the
deviations from flatness. Because of these deviations, the film thickness might be lower.
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Figure 5.39: Temperature development at the interface of a structured seal at 2500 rpm, 20 °C (sump
temperature) and 5 bar. Flow direction is CCW.

Figure 5.39e shows how the flat surfaces continue to heat up further with increasing running time. The
temperature increase within the structure except the cavitation is slower. This is due to the higher film
thickness within the structure which results lower shear stresses. In addition, the structures are open to
the fresh pressurized oil. Therefore, the structures result a cooling effect in addition to enhance lubricant
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film. After 5 minutes running, the area near cavitation zone is around 6 °C warmer than the convergent
half of the structure (left half). Figure 5.39f shows the joint after 474 seconds running. The left part of
the joint is much warmer than the right part of the joint. This supports the fluorescence measurement
results which show that the film thickness is lower at the left of the joint (Chapter 5.2.1.2).

5.2.3.2 STANDARD SEALS

Figure 5.40 shows the local temperatures at the interface of a standard seal at 1500 rpm, 20 °C and 5
bar. These temperatures are calibrated (see Chapter 4.3.4) and thus, the heating up of the seal is obtained.
There are randomly distributed warm patches at the face of the standard seal. This might be due to the
cavitation zones. They look cooler due to their emissivities. Because of this, there are some cooler areas
(cavitation zones) and warm patches over the seal face. In reality, the whole face must be heating up and
probably, there is no significant cooler zones. The step of the seal is cooler due to the fresh oil
entrainment. After the start of the running, a few circular areas heat up quickly (Figure 5.40b). These
areas might be the glass bubbles which did not explode during the manufacturing. In addition, the glass
bubbles under the surface can change the elastic behavior of the seal material locally. The areas which
has glass bubbles close to the surface might not deform as much as the main seal material. Therefore,
the seal material with the glass bubble underneath can warm up faster.

It is hard to detect any waviness of the standard seal via the temperature measurements. Since the warm
patches seem to be randomly distributed over the seal circumference. The left of the joint is warmer than
the half of it (Figure 5.40g-h). However, this behavior seems to be localized at the joint and does not
continue for a significant portion of the seal ring.

5.3 CONCLUSION of the EXPERIMENTAL RESULTS

The friction tests described the general behaviour of the seals in terms of friction, temperature and
leakage. The optical tests provided quite a detailed observation of the sealing contacts. Cavitation
morphology, cavitation area ratio, film thickness and local temperatures are obtained. The most
important findings from the experiments can be drawn as below:

e Inmixed lubrication regime, standard seals generate lower friction values. However, structured seals
provide lower coefficient of friction values in hydrodynamic lubrication regime. This seems to be
due to the hydrodynamic load reduction rather than the hydrostatic load reduction.

e In contrast to the standard seals, the structured seals show similar performances in the tests. This
can be interpreted as the structures are dominant feature on the seal behaviour.

e As a result of structuring, leakage is higher in the standard seals while the contact temperature is
lower. The lower contact temperature is probably due to the enhanced lubricant pressure and the
cooling effect of the structures which is explained in the thermography measurements.

e Cavitation occurs within the divergent zones of the structures at the structured seal interface. Its size
and morphology changes over the seal circumference. This is probably due to the non-uniform film
distribution and the surface irregularities.

e Cavitation forms as randomly distributed patches at the face of the standard seals. It occurs probably
due to the macro and micro surface features which indicates that the lubricant film is thin.

e Cavitation decreases with increasing temperature. This is due to a decrease in lubricant viscosity.
Cavitation decreases with increasing pressure as well. This seems to be due to a lower film thickness
under high loads.

e Structures lead to higher film thicknesses. There is no full film separation in standard seals.

e There is a strong correlation between coefficient of friction, lubricant film thickness and cavitation.
Both cavitation area ratio and film thickness increase rapidly at low speeds. They become almost
constant at high speeds.

e The elastic deformations of the structured seals are predicted via the fluorescence measurements.
The structured seals seem to make a one peak wave at the circumferential direction and a slightly
divergent gap at the radial direction.
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e The local contact temperatures are observed via the thermal camera. The structures result a cooling

effect due to lower shear stresses within the structures. Also, they supply fresh oil to the contact.
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Figure 5.40: Temperature development at the interface of a standard seal at different positions at 1500
rpm, 20 °C (sump temperature) and 5 bar. Flow direction is CCW.
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6 NUMERICAL MODELLING of FILM FORMATION

6.1 NUMERICAL MODEL

The numerical model is developed to simulate the hydrodynamic lubrication by considering cavitation.
In this chapter, the fundamentals of the model are described. The validation of the model is realized by
comparing the numerical and the experimental results.

6.1.1 GOVERNING EQUATIONS

The two dimensional, steady state Reynolds Equation is solved on the fluid structure interface by using
the open source finite element software Elmer. Elmer Solver calculates the pressure field at the seal
interface as a result of Couette and Poiseuille flow by using iterative methods [181,182]. The mass
conservative JFO cavitation theory is implemented by using FBN algorithm to predict cavitation. The
following assumptions are made to solve the problem [57]:

e No inertial flow
e No pressure change across the lubricant film in z (height) direction
¢ No slip on the boundaries between the surfaces and the lubricant

The Reynolds equation is derived from the Navier Stokes equation (Appendix D) and is written as
[49,54,55,57,173]:

po oy

d (p, ,0p d (p,,0p\ __ 0[(1—6)ph]

g ) == (6.1)
The Reynolds equation was solved in partially non-dimensional form, using a dimensionless density
p = exp (pp) for the bulk modulus g of the lubricant, viscosity in units of MPa-s, and all length units
in um. This results in pressure units of MPa and a dimensionless cavitation variable 6. The rescaling
was done so that the pressure and cavitation variables have the same order of magnitude, which is
necessary for the FBN algorithm to yield accurate results.

The JFO model predicts the cavitation by: (1) conserving the mass on the boundaries between full film
and cavitation zone which is unknown a-priori; (2) setting a cavitation pressure pcay Which is assumed to
be uniform and constant within the cavitation zone. These conditions can be formulated as a
complementarity constraint [49,54,55,57];

® — Pearv)b =0, P — Peav 2 0, 0=1- pavg/p =0 (6.2)
0 =0, p> peqy = NO cavitation
6 >0, p=p.p > cavitation

Here, 6 is the cavity fraction and pg,,q is the density of mixture of lubricant and gas. In the model, the
lubricant is assumed to be ‘weakly compressible’. It is time-consuming to solve the eq. (6.1) under the
constraint provided by eq. (6.2) [59]. FBN method suggested by Woloszynski et al. [57] is adopted to
decrease the computational time. The constraint described by eq. (6.2) is reformulated as:

P—Pcav+9'(1+6)—\/(P—Pcav)2+92=0 (6.3)

Here, € is a regularization parameter that smoothens this equation to avoid the corner at (p — pcq) and
6 = 0. The regularization parameter should be chosen small as it allows deviations from the conditions
listed in eq. (6.2). The pressure may be non-dimensionalized by using a reference pressure which is 1
MPa in the current model. With the reformulation, the model is changed into an unconstrained system
of nonlinear differential-algebraic equations. The calculation can benefit from a direct solution [59,60].

The numerical model is isothermal. In addition to pressure and cavitation, the film thickness is also
calculated via the force balance method. In the force balance method, the gap height is changed in the
program until the closing and the lifting forces are equal. Here, the closing force is the force which tries
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to close the gap between the seal and the counterface. The lifting force is the force generated by the
pressure in the lubricant film.

6.1.2 GEOMETRY
Only one structured section of the seal is modelled since the structures are evenly distributed over the
seal surface. The modelling of the structured seal geometry is done with two different methods:

Ideal geometry: One section of the structured seal is modelled as a rectangular zone by using MATLAB
(Figure 6.3). The modelled seal surface is purely smooth and includes only the structure. No surface
irregularities such as roughness and manufacturing errors are included. As described before, there is a
circumferential non-contacting area at the outer diameter of the seals. This non-contacting area is
subtracted from the model. Here, the term “ideal” represents only the geometry without deviations from
the design, however should not be understood to be related to the lubrication.

Real geometry: In practice, the seal surface is not manufactured 100 % according to the design
parameters. The flat area between two structures (area 4) is deviating from the flatness up to 8 um
(Figure 6.1a). Both the right and the left edges of the structure are curvy. The global surface deviations
such as waviness are also investigated (Figure 6.1b). No significant global irregularity is detected. To
include the local deviations and macro surface irregularities in the model, one section of the structured
seal is scanned via laser microscope. The magnification of the microscope is selected as 10x. This
magnification allows the detection of macro surface irregularities but not roughness. The scanned data
is prepared for meshing via MATLAB. The preparation process consists of straightening the
circumferential shape of the structured section into a rectangular zone and positioning the surface in
relation to the counterface.

Areas:
™% 1) Unstructured /flat area
2) Deep area of the structure

4% A S 3) Inclined surfaces of the structure

. 4) Unstructured / flat area between
two structures

_ e = c) -
it \_- 0.10
!-0.20 N 0.65

Figure 6.1: a) Macro surface irregularities on a structured seal b) Initial waviness of a structured seal c)
Initial waviness of a standard seal.

Positioning the seal surface is necessary since the laser microscope can result an artificial tilt. In addition,
the surfaces of the structured seals deviate from the parallel. It can be assumed that the highest peak
touches to the counterface at O rpm. In this case the contact gap will be as in Figure 6.2a. This gap is not
very realistic since the seal does not make any contact with the counterface in the outer diameter
direction. The wear behaviour of the seals indicates that the seal is in contact in the outer diameter
direction as well. Therefore, it is assumed that the deviation from the flatness and the outer diameter
region of the seal is in contact with the counterface. Consequently, a gap similar to that in Figure 6.2b
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is obtained. It should be noted that the gap during the experiments is not exactly known. Therefore, there
might be some differences between the predicted gap and the gap in the experiments.

a) Counterface (cross section) b)  Counterface (cross section)

N K \\\\\\\\\\\

Seal (cross section) Seal (cross sect|on)

Figure 6.2: Positioning the structured seal in relation to the counterface for the numerical model when
the elastic deformations are not included. O.D.= outer diameter, 1.D.= inner diameter, N.A.= non-
contacting seal area.

In order to model the standard seals, the method described in the section ‘real geometry’ is used. These
seals do not have any significant global waviness (Figure 6.1c). Therefore, only one section of the
standard seal can be modelled. The aim is to show the influence of the micro-pores and the glass bubbles
on cavitation and film formation. Therefore, the model should capture these features sufficiently. The
micro surface irregularities are not considered.

6.1.3 BOUNDARY CONDITIONS

The numerical model has 4 boundary conditions (Figure 6.3). Inlet and outlet pressure is set as lubricant
and ambient pressure, respectively. It should be noted that, in the model, absolute pressure is used. In
the circumferential direction, boundary conditions are set as periodic boundary conditions. The flow
velocity is given as a velocity profile in the radial (y) direction corresponding to the different speeds
caused by the radius differences between inner (BC 1 in the figure below) and outer boundary (BC 2
below).

Outlet, BC 2
B4 Zﬁx j P=ambient pressure
Periodic BC3
boundary
condition
(toBC3)

Inlet, BC 1
= |ubricant pressure

BC= Boundary condition

Figure 6.3: Analytical model.

6.1.4 MESH PROCEDURE

The mesh process is performed by using ElmerGrid [174]. The mesh properties were selected after a
mesh study. Three dimensional hexahedral mesh is used and the Reynolds equation is solved on one of
the surfaces (i.e., mesh of the Reynolds equation is solved in 2-D domain). The number of mesh points
is kept constant per geometry (Table 6.1). The results are mesh independent (Appendix E, Figure E-1).

Table 6.1: The number of mesh points.

Seal Model Mesh density
Structured seal Ideal geometry 50x200
Structured seal from the optical tests (unworn) Real geometry 70x250
Structured seal from the friction tests (worn) Real geometry 47x243
Standard seal (unworn) Real geometry 51x245
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6.1.5 INCLUDING ROUGHNESS

Influences of roughness is investigated by modelling a structured seal. To include the roughness into the
numerical model, one section of the structured seal which is used in the optical tests is scanned via the
laser microscope with the magnification of 100x. At this magnification, the laser microscope is not
capable to scan the whole structured section. Therefore, only one half of the structured section is
scanned. This area is sufficient to capture the roughness. Later on, the scanned data is mirrored to get a
full structured seal section and meshed via ElmerGrid.

The models which include roughness generally might require mesh partitioning due to high number of
grid elements. In the mesh partitioning technique, the mesh is divided into separate domains which are
solved by single processors. The communication between the processors is realized via the nodes that
lie on the boundaries of the partitions and are shared by more than one processor [174,175]. The final
results are obtained as usual for the whole seal section. In the first attempt of including roughness to the
model, mesh partitioning is not used. The resolution is decreased to 5um laterally. The number of mesh
points of the model with roughness is shown in Table 6.2.

Table 6.2; The simulation models and the mesh densities.

Seal Model Mesh density

Structured seal from the optical tests
(unworn)

Real geometry + roughness | 1300x280

6.2 NUMERICAL RESULTS

6.2.1 STRUCTURED SEALS

In this section, comparison of the numerical and the experimental results of the structured seals are
described. Later on, influences of macro surface irregularities, cavitation pressure, radial taper,
waviness, roughness are shown.

6.2.1.1 COMPARISON of the NUMERICAL RESULTS and the RESULTS of the OPTICAL
EXPERIMENTS

In order to validate the numerical model, experimental conditions are simulated for the real geometry.
Figure 6.4 shows the comparison of numerical and experimental results. Here, the minimum film
thickness is equivalent to the hydrodynamic film thickness. In the simulation, the near-contact
temperature is used instead of the sump temperature. The cavitation pressure (Pcav) is set as 0 kPa, 50
kPa, and 90 kPa, respectively. In the graphs, the hydrodynamic region which is detected in the optical
experiments is shown.

At 20 °C and 5 bar, both the numerically calculated cavitation area ratio and film thickness show similar
trends to those in experiments in hydrodynamic lubrication for all the selected cavitation pressures. In
the experiments, the film thickness shows a more significant decrease at 2500 rpm in contrast to the
simulation. This may be because the real contact temperature is higher than the measured one.
Furthermore, the fluorescence measurement may have a higher error at this speed due to the exposure
time of the CCD camera used.

The similarity between the trends shows that the consideration of the manufactured surface as well as
the contact temperature is important for accurate modelling. A more precise trend can be obtained by
determining the contact temperature instead of the near-contact temperature.

For cavitation pressure of 50 kPa, the values of the numerical and the experimental results are similar
too, in addition to showing a similar trend. This magnitude of cavitation pressure also agrees with
expected values for hydrocarbons from literature (e.g. [26]). Influence of cavitation pressure on film
thickness and cavitation is described in Chapter 6.2.1.5 in detail.
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Figure 6.4: Comparison of the numerical and the experimental results. Numerical geometry= real
geometry of a structured seal, Pcav= cavitation pressure, H.L.= Hydrodynamic lubrication detected in
the experiments.

At 70 °C and 5 bar, additional cavitation at the unstructured surface of the seal occurs until high speeds
for low cavitation pressure values. This phenomenon is examined in Chapter 6.2.1.4.3 and it is related
to the film thickness. As a result of this phenomenon, the trend of cavitation area ratio is not similar for
the numerical and the experimental results at 0 kPa and 50 kPa. However, the trend becomes similar for
cavitation pressure higher than 50 kPa. Therefore, the cavitation pressure seems to be different than in
20 °C. Setting the cavitation pressure slightly higher than 50 kPa would result in a good agreement
between the numerical results and experiments. This change in cavitation pressure with temperature can
be expected since temperature influences the quantity of dissolved gas [26].

6.2.1.2 COMPARISON of the NUMERICAL RESULTS and the RESULTS of the FRICTION
EXPERIMENTS

In this section, the correlation between the friction tests of the structured seals and the simulations are
discussed. The lubrication regimes detected in the function tests 1 and 2 correlated with the simulated
film thicknesses. For the function test 1, an unworn seal surface is modelled. For the function test 2, the
worn seal from test A (Chapter 5.1.1.1 ) is modelled. In the simulations, the viscosities are set according
to the measured average contact temperatures. Since in Chapter 6.2.1.1 it is shown that the cavitation
pressure is slightly higher than 50 kPa at high temperatures, cavitation pressure is set as 60 kPa.
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6.2.1.2.1 FUNCTION TEST 1 (BEFORE the LONG TERM TEST)

Figure 6.5 shows the coefficient of friction which is obtained from the tests and the numerically
calculated minimum film thicknesses (hydrodynamic film thickness). In the hydrodynamic lubrication
(full film) regime, the minimum film thickness is high. It decreases with decreasing Hersey number. At
transition from mixed to hydrodynamic regime, the calculated film thickness is around 3.5 um. Even
though this film thickness is higher than the surface roughness, the measured CoF indicate that over the
seal circumference some regions of thin film exist. This can be the joint as observed in the optical tests.
In addition, there are some burrs on the seal surfaces.

0.05 9 = experiment, 5 bar
8 3 experiment, 10 bar

« 0.04 7 — .
= m e experiment, 15 bar
S 0.03 7 experiment, 20 bar
= - 5 o ¢ ) .
w— - < < ~— =& simulation, 5 bar } Nayn
o " 4 S g
= 0.02 ==
K 3 £89 Sk
£ 0.01 2 & Spk roughness
s 0 H.L. =
S . 1 E Svk | parameters

0o = 0 Sq

0 0.2 0.4 0.6 0.8 1
Hersey number, (n@/P)*10°

Figure 6.5: Comparison of the simulated film thicknesses and the coefficient of friction values which
are obtained from test A — function test 1. Cavitation pressure is set as 60 kPa in the simulation.
Numerical geometry= real geometry of a structured seal. H.L.= possible pure fluid friction region.

At minimum coefficient of friction, the calculated film thickness is only around 2 um. This thickness is
still higher than the roughness parameters. However, it might be not sufficient to separate the burrs and
the some very high peaks which are randomly distributed over the seal surface. At low Hersey numbers
where the seal is fully in mixed lubrication, the hydrodynamic film thickness is only 0.39 um. This
thickness is already at the level of the roughness. This shows that there can be some solid contact in this
region.

Although, only one section of the seal is simulated, the numerical results fit to the experimental results.
The performance of the seal can be predicted just by modelling a small section when the results are
evaluated by considering the surface features deliberately. This can save computational time. However,
a comprehensive modelling is necessary to calculate the coefficient of friction in the numerical models
quantitatively.

6.2.1.2.2 FUNCTION TEST 2 (AFTER the LONG TERM TEST)

In function test 2, mixed lubrication regime is not as broad as in the function test 1 (Figure 6.6). The full
hydrodynamic lubrication starts earlier. The calculated film thickness is quite low for the low Hersey
numbers. No full separation is detected for the Hersey numbers lower than 0.2-10°. For these Hersey
numbers, the coefficient of friction curve also indicates the presence of solid contact.

The numerically calculated hydrodynamic film thickness is around 2 um at the transition from mixed to
hydrodynamic lubrication regime. This film thickness is lower than that in the function test 1. This can
be expected because the burrs and the high peaks removed after the long term test. Although, it is found
that the seal surface is rougher after the tests, the absence of the burrs can lead to earlier transition to
full film lubrication. Also, the surface seems to be rougher not because there are more peaks but there
are more valleys. Furthermore, the deviations from the flatness wears away as well. This might lead to
a more favourable gap form.
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Figure 6.6: Comparison of the simulated film thicknesses and the coefficient of friction values which
are obtained from test A — function test 2. Cavitation pressure is set as 60 kPa in the simulation.
Numerical geometry= real geometry of a structured seal. H.L.= possible pure fluid friction region.

Interestingly, in the hydrodynamic regime, the calculated film thicknesses for the function tests 1 and 2
are similar for the same coefficient of friction values (Figure 6.7). If the seal would have been in mixed
lubrication, different coefficient of friction results would have been expected for the same film
thicknesses. Because the surface of the seal changes after the long term test. Therefore, the seal seems
to be fully separated from the counterface both in the first and the second function tests at high Hersey
numbers. The predicted hydrodynamic regime seems to be reasonable.
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Figure 6.7: Comparison of the simulated film thickness and the coefficient of friction values which are
obtained from the first and the second function tests of the friction experiments. Cavitation pressure is
set as 60 kPa in the simulation. Numerical geometry= real geometries of structured seals. H.L.= possible
pure fluid friction region. “first” and ‘second’ represent the function test 1 and 2, respectively.

6.2.1.3 COMPARISON of the COEFFICIENT of FRICTION VALUES from the SIMULATIONS and
the EXPERIMENTS

The numerical tool calculates the shear and the nominal forces for the modelled seal section. Thus, the

coefficient of friction can be calculated for the numerical results via:

_ F, shear
Fy

f (6.4)
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In Appendix F, the validation of the numerically calculated shear force is investigated for the full film
lubrication. For this, the numerically and the analytically calculated shear forces for a parallel and ideally
smooth gap are compared. It is shown that the numerical model calculates the shear forces accurately
when the friction only arises from the lubricant shear.
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Figure 6.8: Comparison of the numerically and experimentally calculated coefficient of friction values.
Numerical geometry= real geometry of a structured seal. H.L.= possible pure fluid friction region. Pcav=
cavitation pressure.

Figure 6.8 shows the calculated coefficient of friction values from the simulations and the experiments
plotted over the Hersey number. The numerical results should only be considered for the hydrodynamic
regime. Because the numerical model does not consider the boundary and the mixed lubrication
conditions.

For the same cavitation pressure (Pcav), the numerically calculated coefficient of friction curves
coincide for different temperatures and ambient pressures. This agrees with the aim of Hersey number
(Coefficient of friction curves of various temperatures, speeds and load should coincide when they are
plotted with over the Hersey number for similar gap features.). Also, it shows that the numerical
tolerances are quite tight.

With increasing cavitation pressure, the numerically calculated coefficient of friction decreases,
because, the film thickness increases (see Chapter 6.2.1.5). Consequently, the shear stress and the force
within the lubricant film decreases due to the relationship between the film thickness and the shear force:
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Y= T=0'Y Fshear =74 (6.5)

s <

Here, y is the shear rate and, 7 is the shear stress. The contact area is denoted with ‘A’. This formula
also shows that the structures provide a decrease in the shear stress within the structures due to a higher
film thickness.

The numerically calculated coefficient of friction values are much lower than the values which are
obtained via the experiments. This can be due to the non-uniform film thickness over the seal face. The
fluorescence measurements, cavitation distribution and the temperature measurements indicate that the
film is thinner around the joint. This can lead to a higher friction force in that section. In addition, very
high peaks (5 pum) are removed from the surface in the numerical model since they would lead to an
initially high gap. In practice, these high peaks would result locally thin film and high friction.

The deep parts of the structures and the structure might furthermore, lead to turbulent flow. Turbulent
flow regime might increase the friction [187]. The current numerical model assumes that the flow is
only laminar.

Furthermore, the lubricant which is churning in the test chamber can contribute to the measured friction
as well. This would lead to an increased experimental result not directly related to the friction generated
by the contact.

The results show that the modelling of only one section of the seal may be insufficient to predict the
coefficient of friction. It might be necessary to model the whole seal ring with elastic deformations and
solid contacts for an accurate friction calculation in the simulations.

6.2.1.4 INFLUENCE of MACRO SURFACE IRREGULARITIES

6.2.1.4.1 IDEAL GEOMETRY

Figure 6.9a and ¢ shows the calculated pressure generation and cavitation at 1250 rpm, 20 °C and 5 bar
for the ideal geometry. Cavitation pressure is set as 0 kPa. Cavitation forms in the divergent zone of the
structure as in the experiments. It should be noted that for a robust (i.e., ignoring numerical spikes)
differentiation of cavitated and non-cavitated regions a threshold of 0.17 of the cavitation fraction was
used. Pressure concentrates at the edge of the convergent zone of the structure.

Pressure and cavitation is shown graphically in Figure 6.9d. Pressure decreases to cavitation pressure
within the cavitated area. At the deep part of the structure, the pressure value is around the oil pressure
value since this zone is open to the pressurized oil. In the convergent zone of the structure, pressure
increases rapidly.

The morphology of the simulated cavitation is different than the experimentally observed one (Figure
6.9b). The rupture boundary is straight. The inclination of reformation boundary is in the opposite
direction. The entire cavitation region is pushed to the direction of the outer diameter. These differences
can be due to surface irregularities and elastic deformation in the experiments.

6.2.1.4.2 REAL GEOMETRY

Figure 6.10 shows the pressure generation and cavitation at 1250 rpm, 20 °C and 5 bar for the real
geometry. It should be noted that the real geometry is slightly shorter than the ideal geometry due to
straightening of the seal section. Both cavitation and pressure distribution are different than those for
the ideal geometry. The pressure concentrates more in the inner diameter direction. Cavitation
morphology is similar to the observed morphology. The rupture boundary is curvy. This proves that the
surface irregularities shown in Figure 6.1a lead to the curvy shape of the cavitation region. The
reformation boundary is more realistic too but still not as inclined as in the experiments. This may be
because the seal deforms during the operation and, as a result, the contact gap is different from the
simulated gap.
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Figure 6.9: Cavitation formation and pressure generation for the ideal geometry of a structured seal at
1250 rpm, 20°C and 5 bar. The cavitation pressure is 0 kPa.
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Figure 6.10: Cavitation formation and pressure generation for the real geometry of a structured at 1250
rpm, 20°C, and 5 bar. The cavitation pressure is 0 kPa.
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6.2.1.4.3 COMPARISON of IDEAL and REAL GEOMETRIES and INFLUENCE of OPERATING
PARAMETERS

Figure 6.11 shows the numerically calculated cavitation area ratio and the minimum film thickness at
various speeds, temperatures, and ambient pressures for the ideal and the real geometries. The cavitation
pressure is set as 0 kPa for the sake of comparison as it results in minimal lift contribution of the
cavitation area. For the ideal geometry, the film thickness increases with increasing speed. This shows
that the structures are capable of generating hydrodynamic lift without additional surface features such
as waviness and roughness. For a given speed, the film thickness decreases with increasing temperature
and pressure as in experiments.

For the ideal geometry, the cavitation area ratio increases with speed until 1000 rpm. After this, it is
nearly constant due to the geometry of the structure. Cavitation already covers a big portion of the
divergent gap at high speeds hence, it does not change significantly with speed.

For the real geometry, film thickness is lower than that for the ideal geometry. This is because macro
surface irregularities change the gap shape slightly. The film thickness has negative values at low speeds.
(Note: negative film thickness means, that the external force is larger than the force generated by the
fluid, thus causing a decay of the film thickness until it reaches a numerical value below 0.). This
indicates that some surface peaks should be in contact and subsequently deform. However, the model is
not developed for mixed and boundary lubrication.

For the real geometry, the cavitation area ratio increases sharply with speed and decreases until high
speeds are reached. This behaviour occurs when the predicted minimum film thickness (hg,,,,) is low or
zero. This is because macro surface irregularities become relevant for lubrication when the film is thin.
Hence, additional cavitation occurs at the unstructured surface of the seal as in Figure 6.12. With
increasing film thickness, this additional cavitation disappears. The cavitation area ratio becomes nearly
constant at high speeds as in the ideal geometry. In the experiments, additional cavitation is observed
near the joint. This is an indication of non-uniform distribution of film over the seal face.
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Figure 6.11: Film thickness and cavitation area ratio at different speeds, temperatures and pressures.
Ideal: ideal geometry of a structured seal, Real: real geometry of a structured seal. Cavitation pressure
is set as O kPa.
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Figure 6.12: Additional cavitation formation: a) in simulation, b) in the experiments.

6.2.1.5 INFLUENCE of CAVITATION PRESSURE

It is unrealistic that gaseous cavitation occurs when the lubricant pressure drops to 0 kPa, which would
be vacuum. Figure 6.13a shows the influence of cavitation pressure on the cavitation area ratio for the
ideal geometry at 500 rpm, 20 °C, and 5 bar. The minimum gap height is set as 8.5 um. The cavitation
area ratio increases with increasing cavitation pressure.
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Figure 6.13: Influence of cavitation pressure: a) Ideal geometry of a structured seal, 500 rpm, 20 °C, 5
bar, min. gap height= 8.5 um. b) Calculated cavitation area ratio and film thickness at 20 °C, 5 bar for
the real geometry of a structured seal.

Figure 6.13b shows the calculated min. film thickness and the corresponding cavitation area ratio for
different speeds and cavitation pressures. Temperature and pressure are set as 20 °C and 5 bar,
respectively. The results are shown for the real geometry but they are similar for the ideal geometry as
well. Film thickness increases with increasing cavitation pressure. This is due to the contribution of
cavitation pressure to the integrated pressure although the maximum pressure decreases (Figure 6.14).
As a result of the increase in film thickness, the cavitation area ratio decreases with increasing cavitation
pressure. This also leads to less or no additional cavitation outside of the structure.
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Figure 6.14: Cavitation formation and pressure buildup for the ideal geometry of a structured seal at
1250 rpm, 20 °C and 5 bar. Cavitation pressure= 90 kPa. O.D.= outer diameter, I.D.= inner diameter.

6.2.1.6 INFLUENCE of RADIAL TAPER / TILT

In this section, influence of radial taper is investigated by tilting the ideal geometry of the structured
seal with different degrees of tilts. Figure 6.15 shows the convergent and the divergent gaps which are
simulated here. Temperature and pressure are set as 20 °C and 5 bar, respectively. Cavitation pressure
is setas 0 kPa. The minimum gap height is set as 8.5 um for a parallel gap. Figure 6.16 shows the change
in cavitation area ratio when the gap is tilted. When the gap is tilted to be convergent, a smaller cavitation
area ratio is obtained. With increasing tilting degree, the cavitation area ratio decreases for the
convergent gap. Because more pressurized oil enters to the gap. The opposite effect occurs for the
divergent gap. It should be noted that no cavitation occurs at 50 rpm and 100 rpm due to the selected
film thickness.
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Figure 6.15: A convergent and a divergent gap.

Figure 6.17 shows the calculated film thicknesses via the force balance method for various tilts. The
corresponding cavitation area ratios are shown as well. The minimum film thickness is slightly lower
for the tilted gaps. In addition, the minimum film thickness decreases with increasing tilting degree for
both the convergent and the divergent gaps. This can be due to the higher initial gap heights in the tilted
gaps. On the other hand, cavitation area ratio has a similar trend as for the constant gap height. The
results show that the influence of radial taper is low up to a tilting degree of 1000 prad. For the current
application, higher magnitude of tilting degrees seems unrealistic.

80



NUMERICAL MODELLING of FILM FORMATION

0.2
0.18
0.16
0.14
0.12

0.1
0.08
0.06
0.04
0.02

0 &
0

/i

cavitation area ratio (R)

)

500

THE
=
)

—o—ideal, no tilt
ideal, convergent, a= 500 prad
~® deal, divergent, = 500 prad
ideal, convergent, = 1000 prad
—@ideal, divergent, a= 1000 prad

1000 1500 2000 2500
speed (V), rpm

Figure 6.16: Influence of radial taper on cavitation area ratio for the ideal geometry of a structured seal
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Figure 6.17: Influence of radial taper / tilt on cavitation area ratio and film thickness for the ideal
geometry of a structured seal at 20°C, 5 bar. Cavitation pressure= 0 kPa.

Both convergent and divergent gaps influence the hydrodynamic effects negatively. However, a
convergent radial taper can provide a hydrostatic load support which can decrease friction in mixed
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lubrication regime. The hydrostatic lifting force related to radial Poiseuille flow is 5.79 N at 0 rpm, 20
°C and 5 bar for the ideal geometry with a parallel gap. This hydrostatic lifting force increases to 5.92
N for a convergent gap with a tilting degree of 500 prad. On the other hand, the divergent gap with
tilting degree of 500 prad leads to a lower lifting force which is 5.61 N.

The morphology of cavitation changes with tilting as shown in Figure 6.18. For a divergent gap, the
cavitation is less pushed outwards. This is similar to the behavior of the cavitation in the experiments.
A divergent gap leads a more realistic reformation boundary as well. The inclination of the reformation
boundary is similar to that in the experiments particularly at low speeds. Hence, considering the radial
tilt seems to be necessary to predict the boundaries of cavitation and the cavitation morphology
accurately.

cavitation
fraction, 6
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b) Convergent gap, tilting c) Divergent gap, tilting
degree=500 prad, 50 rpm degree=500 prad, 50 rpm

Figure 6.18: Influence of radial taper on cavitation morphology for the real geometry of a structured seal
at 20°C, 5 bar. Cavitation pressure is 0 kPa.

6.2.1.7 INFLUENCE of WAVINESS

Influence of waviness is investigated by generating a wavy gap for the ideal geometry. Gap height is set
as 2.5 um for a parallel gap. It is assumed that only one of the friction surfaces is wavy. Here, a harmonic
sinusoidal wave with different amplitudes and lengths is applied to the seal. When the wave is applied,
the gap height distribution h, ,,y for a parallel gap with a minimum gap height h,y,;;, becomes:

hiry) = Asin((2m / Dx) + 2 + hpin (6.6)

Here, the wavelength (1) is the length from one peak to another. Amplitude (A) is the peak amplitude.
Temperature and pressure are set as 20 °C and 5 bar, respectively. Cavitation pressure is set as 0 kPa.

First, the influence of waviness is investigated for a smooth surface without the structure and the surface
irregularities. The length of this surface is 30600 um. Figure 6.19 shows cavitation area ratio and
lubricant lifting force for this smooth surface with and without waviness. Here, the lifting force is the
combination of hydrostatic and —dynamic effects. For a given wavelength, the lifting force increases as
the amplitude increases. For a given amplitude, the lifting force decreases with increasing wavelength.
At 1000 rpm, the lifting force is almost 5 times higher for a wavy gap with an amplitude of 1 um and a
wavelength of 7650 um (four peak wave). Waviness influences the cavitation area ratio similarly to the
lifting force as well.
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Figure 6.19: Influence of waviness for a smooth surface without the structure at 20 °C, 5 bar. Minimum
gap height is set as 2.5 um for the parallel gap. Cavitation pressure is 0 kPa.

Figure 6.20 shows the influence of a wave with a wavelength of 30600 um (one peak wave) and different
amplitudes for the structured seal section. In contrast to the results for the smooth surface without a
structure, the influence of waviness on cavitation area ratio is negligible. The lifting force does not
change significantly as well. Increasing amplitudes lead to slightly higher lifting forces with increasing
speeds.

The influence of the wavelength is different as well when the surface is structured (Figure 6.21). The
selected wavelengths 7650 um, 15300um, 22950 um and 30600 um are equal to the length of 1, 2, 3
and 4 structured seal sections, respectively. The lifting force decreases when the wavelength is 7650 pum
(= length of one structured seal section). This is because the applied wave changes the inclination of the
convergent and the divergent planes of the structure unfavorably. Consequently, the film thickness
becomes higher in the convergent gap and lower in the divergent gap. The entrainment of less
pressurized oil to the divergent gap results in a bigger cavitation zone. On the other hand, the lubricant
lifting force decreases. When the flow is changed to the clockwise direction, opposite results are
obtained. Because high and low film thickness regions coincide with the divergent and convergent
zones, respectively (Figure 6.22).
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Figure 6.20: Influence of wave amplitude for the ideal geometry of a structured seal at 20 °C and 5 bar.
Minimum gap height is set as 2.5 um for the parallel gap. Cavitation pressure is 0 kPa.
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For an amplitude of 1 um, the highest lifting forces are obtained for the wavelengths of 22950 um and
30600 um (3 and 4 structured seal sections, respectively) (Figure 6.21). The wavelength of 30600 results
in an increase in cavitation area ratio as well. On the other hand, no significant effect of the waviness is
detected when the wavelength is equal to two structured seal section (15300 pm).
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Figure 6.21: Influence of wavelength for the ideal geometry of a structured seal at 20 °C and 5 bar.
Minimum gap height is set as 2.5 um for the parallel gap. Cavitation pressure is 0 kPa.

Non-uniform film distribution due to waviness influences the morphology of the cavitation and the
distribution of the lubricant pressure (Figure 6.23). The cavitation and the concentrated pressure zones
are smaller in the high gap height regions. Cavitation is pushed outwards. The reformation boundary of
the lubricant film is tilted. In the low gap height regions, cavitation and the concentrated pressure zones
are bigger. Cavitation zone is less pushed to outwards. The reformation boundary of the lubricant film
is less tilted.
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Figure 6.22: Influence of waviness when the wavelength is equal to the length of a structured seal
section. Temperature and pressure are 20 °C and 5 bar, respectively. The model is the ideal geometry.
Minimum gap height is set as 2.5 pum for the parallel gap. CCW and CW represent the flow direction.

Due to waviness, the unstructured surface over the structures becomes diverging and converging at some
regions. This influences the pressure distribution over the unstructured surface. In the second structured
section in Figure 6.23b, a low pressure zone crawls over the flat surface and pushes the concentrated
high pressure zone. This is due to the diverging form of the gap in this section. Here the distribution of
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the low pressure region correlates with the warming regions in the thermography measurements. This
shows that waviness can be a reason for the non-uniform temperature distribution over the seal contact.
On the other hand, the surface is converging in the first structured section. Therefore, the high pressure
zone is distributed over a larger area (Figure 6.23Db).

a) Cavitation, A= 1 um, A= length of 4 structures

o

ol
cavitation
fraction, 6

b) Pressure generation with pressure isobars, A= 1 um, A= length of 4 structures

THle T

pressure

second structure section

¢) Film thickness distribution over A-A

=]

gap height (h), pm
!D__Ir\--,_lh

wavelength (A), um

Figure 6.23: Influence of waviness on cavitation morphology for the ideal geometry of a structured seal
at 20 °C, 5 bar. Minimum gap height is set as 2.5 um for the parallel gap. Flow is CCW. Cavitation
pressure is 0 kPa.

The results show that waviness can enhance the lubricant lift significantly and generate hydrodynamic
effects for macroscopically parallel surfaces. However, when other macro surface features such as
structures are present, the influence of the waviness depends on its interaction with these features. Here,
the influence of the structures on the film formation is dominant. However, a wave with appropriate
features can contribute to the film formation. Here, this can be realized via a wave with a wavelength
longer than the length of one structured seal section and high amplitudes. The contribution of the
waviness is low when the amplitude is quite low compared to the film thickness.

6.2.1.8 INFLUENCE of WEAR

In this section, the influence of the wear is investigated by comparing the unworn seal with the worn
seal from the friction test A of the structured seal. In this test, there was no dramatic change in the initial
profile of the structures. The right and the left edges of the structures are changed due to the wear of the
flat surfaces between the structures (Figure 6.24). There were also wear tracks at the unstructured surface
above the structures.

In the numerical model, temperature and pressure are set as 20 °C and 5 bar, respectively. Cavitation
pressure is set as 0 kPa. Figure 6.25 shows the influence of wear. Cavitation are ratio is higher in the
worn seal at low speeds, because the wear track at the unstructured surface leads to much more additional
cavitation areas. With increasing speed, the additional cavitation areas disappear for both the unworn
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and the worn seals. After this, the cavitation area ratio of the worn seal becomes lower than that of the
unworn seal. Because the unstructured area between the structures of the worn seal is broader and thus
inclined planes of the structures are shorter (Figure 6.24). Therefore, cavitation is restricted to a smaller
zone (Figure 6.26).

Figure 6.24: A structured seal surface before and after the long term friction tests are shown on the left
and the right, respectively.
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Figure 6.25: Influence of wear on cavitation area ratio and film thickness for the real geometry of a
structured seal at 20 °C and 5 bar. Cavitation pressure is set as 0 kPa. Flow is CCW.

The minimum film thickness is slightly lower for the worn seal (Figure 6.25). This becomes more
significant at high speeds. In the worn seal, the liquid is compressed in a smaller zone in the converging
gap. Therefore the generated pressure is not as high as for the unworn seal (Figure 6.26). The smaller
converging gap leads to a lower hydrodynamic film thickness.
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Figure 6.26: Influence of wear on cavitation morphology and pressure distribution at 1250 rpm, 20 °C
and 5 bar. Numerical geometry is the real geometry of a structured seal. Cavitation pressure is set as 0
kPa.
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6.2.1.9 INFLUENCE of ROUGHNESS

Figure 6.27 shows the pressure generation for a structured seals with macro (a) and micro irregularities
(b) at 1250 rpm, 20°C and 5 bar. Cavitation pressure is set as 0 kPa. The simulations are made for
constant gap heights. Overall pressure generation looks similar for both cases. The maximum pressure
however seems to be slightly higher when taking micro irregularities into account.
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Figure 6.27: Pressure generation for a structured seals with macro (a) and micro irregularities (b) at 1250
rpm, 20°C and 5 bar. Cavitation pressure is set as 0 kPa.

At 1250 rpm, the influence of roughness on the lifting force (integrated pressure generated) is low for a
high film thickness (Figure 6.28). However, the influence of roughness of roughness becomes more
significant for lower film thicknesses. Here, it is assumed that the asperity peaks form micro sliding
bearings leading to better distributed pressure generation.

When considering, thin films with roughness asperities an elastic treatment of the asperities seems
necessary as micro-EHL may lead to significantly improved film generation. The first attempt of
including roughness to the numerical model shows that further work in this area may explain the film
formation in the areas of low film thickness more accurately. It should be noted that the necessary
increased mesh sizes lead to a significantly higher computational time.
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Figure 6.28: Calculated lifting forces and cavitation area ratios for a structured seals with macro and
micro irregularities at 50 rpm, 1250 rpm, 20°C and 5 bar. Cavitation pressure is set as 0 kPa.
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6.2.2 STANDARD SEALS

Figure 6.29 shows the pressure generation and cavitation formation for an unworn standard seal at 420
rpm, 20 °C and 5 bar. Cavitation pressure is set as 50 kPa since it is shown earlier that this might be the
cavitation pressure during the optical tests. Cavitation zones are randomly distributed as in the optical
tests. Cavitation seems to occur not because of the pores itself but rather the surface deviations due to
the pores and the glass bubbles. Because, only some of the pores result a cavitation zone (Figure 6.30).
Such cavitation zones are distributed to a large area and, they cover the pores completely. This fits the
cavitation observation in the optical tests.

The cavitation zones are denser in the outer diameter direction. This is also observed in the experiments
in a more significant manner and attributed to the radial tilt. The numerical results also show that the
pressure is more concentrated in the inner diameter direction. Therefore, Pouseuille flow seems to push
the cavitation zones outwards. This is because the surface is carried on the high peaks, which result in
some entrainment paths for pressurized oil. This oil pushes the cavitation zones outwards.
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Figure 6.29: Cavitation formation and pressure generation for the standard seal at 420 rpm, 20 °C and 5
bar. Cavitation pressure is set as 50 kPa.

Pores

Figure 6.30: A detailed view of the cavitated zones with dimples. Speed, temperature and pressure are
set as 420 rpm, 20 °C and 5 bar, respectively. Cavitation pressure is set as 50 kPa.
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Figure 6.31 shows the numerically calculated film thicknesses and the cavitation area ratios for the
standard seal. Temperature and pressure are set as 20 °C and 5 bar. Cavitation pressure (Pcav) is set as
0 kPa, 50 kPa and 90 kPa. The results show that there is no hydrodynamic film thickness under any
conditions. The minimum film thickness has minus values. Because, the generated film pressure is not
sufficient to separate the surface completely. Some high peaks are in contact and they should deform.

The selected temperature and pressure values are the lowest values used in the experiments. Therefore,
it can be concluded that the micro-pores and other macro surface irregularities are not capable to
generate a sufficient hydrodynamic film pressure during the experiments. It should be noted that these
pores are not produced on purpose. They result due to the fillers (in this case glass bubbles). Therefore,
they do not have an ideal dimple shape. This might influence the lubrication negatively. In addition,
some glass bubbles stick out of the surface. They can also rupture the lubricant film. The experimental
results also indicate that the standard seals do not operate in the full film lubrication. Therefore, the
numerical results seem to be reasonable.
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Figure 6.31: Numerically calculated film thickness and cavitation area ratio at various speeds for the
standard seals. The model is real geometry of the standard seal. Temperature and pressure are set as 20
°C and 5 bar. Cavitation pressure (Pcav) is set as 0 kPa, 50 kPa and 90 kPa.

The calculated cavitation area ratio is almost 0 at 100 rpm for any cavitation pressure (Figure 6.31-
Figure 6.32). For the similar conditions, the very low cavitation area ratio is only observed around the
joint in the optical tests. The observed cavitation zones are much more in the region opposite of the joint
in the tests. In order to investigate this, the minimum film thickness is increased. However, the cavitation
area ratio decreases as the film thickness increases (Figure 6.32). Therefore, the film thickness is not
very likely to be the reason of the low cavitation area ratio in the simulation. Another reason can be
roughness. The numerical model does not include the roughness. For such thin films, roughness can
result inter-asperity cavitation. Therefore, it might be necessary to include the roughness to calculate the
cavitation area ratio accurately at thin films.
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Figure 6.32: a) Cavitation formation for the numerically calculated film thickness via force balance
method. b) Cavitation formation when the minimum gap height is set as 0 um. Speed, temperature and
pressure are set as 100 rpm, 20 °C and 5 bar, respectively. The numerical model is the real geometry of
a standard seal. Cavitation pressure is set as 50 kPa.

6.2.2.1 VALIDITY of the RESULTS of the STANDARD SEALS
As described earlier, the unworn standard seals have some deep micro-pores on their surfaces.
Therefore, validity of the Reydnolds equation in standard seals should be considered. Dobrica et al.
[168] showed that the validity of the Reynolds equation depends on the Reynolds number (Re) and the
texture aspect ratio (Las):
pu hf Ld
Re = m ) as — E
Here, hy, is dimple depth and, Ly is dimple length. h¢ is land film thickness. When 4, is sufficiently
large and Re is sufficiently small, Reynolds equation can be used for the textured sliders (Figure 6.33).
When the aspect ratio is smaller 10, the Reynolds model is inapplicable whatever the Reynolds number.

(6.7)

The aspect ratio of the dimples on the standard seal surfaces varies from 1.5 to 15. A considerable
amount of pores has an aspect ratio around 2. Therefore, it should be considered that the Reynolds
equation might be invalid for the standard seals. Although the simulation results seem to be plausible,
further investigations are necessary.
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Figure 6.33: Elementary texture cell [168].

The worn standard seals have non-exploded glass bubbles protruding of the surface. The elevation of
the glass bubbles is above the surface up to 16 um. The simulation of such a surface is complex. Firstly,
the seal will operate on the surfaces of the glass bubbles. The elastic properties of the standard seals
might be different than the bulk material. Thus, the seal might be riding on the glass bubbles which in
turn are in direct contact to the counterface, while the lubricant does not provide a real lifting effect.
Modelling systems with greatly differing elastic moduli and solid contacts needs further investigations
as well.
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2

DISCUSSION and OUTLOOK

The film formation mechanism in parallel sliding contacts was investigated by considering cavitation.
Therefore, a group of experiments and simulations were performed. Friction torque and contact
temperatures were measured. Local contact temperatures were detected via thermography. Cavitation
formation in the structured and the non-structured rectangular face seals was observed. The film
thickness was measured via the LIF method. Hydrodynamic lubrication was modelled by implementing
the mass conservative JFO cavitation model via an FBN algorithm. Modelling was performed by two
methods; (1) by assuming the seal surface was smooth with a structure, (2) by directly using the
manufactured seal surface with macro surface irregularities. Pressure generation, cavitation, and film
thickness were calculated numerically for different operating conditions. The influences of structuring,
macro and micro surface irregularities, waviness, radial taper, operating parameters and cavitation
pressure were investigated. The main conclusions are:
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The experiments show that appropriate surface structuring can lead to reduction in friction and
contact temperature. In the current project, the selected structures provide reduction in friction up
to 30 %. Contact temperatures decrease significantly as well.

The behavior of the non-textured seals seems to be dominated by surface roughness and the
stochastically distributed micro-pores. These seals warm in patches on the flat surface.

Cavitation is randomly distributed over the surface of the non-textured seals. It seems to occur due
to surface asperities and fillers.

For the non-textured seals, no considerable hydrodynamic pressure generation due to micro-pores
is detected. Experiments also indicate that there is no sufficient lubricant film during the operation
of the non-textured seals. However, elastic deformations and, the combined effect of roughness and
the micro-pores should be investigated as well. Also, due to the aspect ratios of the micro-pores, the
numerical model may need to be improved.

The film formation and the thermal behavior of the structured seals is dominated by concentrating
cavitation and pressure generation. Structured seals warm concentrated on the unstructured surface
close to the cavitation zone. This seems to be mainly due to the design of the structures and
cavitation formation.

Cavitation occurs within the divergent zone of the structures. The cavitation area ratio increases
rapidly with speed in the mixed lubrication regime. In the hydrodynamic regime, the change in
cavitation becomes small. Both the film thickness and the cavitation area ratio decrease with
increasing sump temperature and pressure. There is a strong correlation between lubricant film
thickness and cavitation. Cavitation size can be utilized as a hint for the prediction of the lubrication
regime.

Depending on the application, appropriate surface structuring can generate a significant
hydrodynamic lift without the support of other surface features such as waviness and roughness. In
the present work, asymmetric film pressure due to cavitation formation leads to hydrodynamic
pressure generation.

The manufactured surfaces of the seals influence pressure generation and cavitation and thus, also
the load carrying capacity. The consideration of macro surface irregularities is necessary to predict
the global cavitation accurately. Surface irregularities result in realistic rupture and reformation
boundaries of the cavitation zone. However, it seems that elastic deformation of the seal should be
considered as well for a more precise prediction of cavitation morphology.

For thin films, cavitation forms outside of the structure as well due to surface irregularities. This
indicates that inter-asperity cavitation may be an influencing factor for thin films.

Influence of roughness on lubricant pressure generation is low for thick films, here the
macrogeometry dominates film formation. On the other hand, it can provide a contribution in the
mixed/thin film lubrication regime. Further investigations seem useful for a better understanding of
the mixed regime.



STANDARD SEALS

e Inthe presence of surface textures, the influence of waviness and radial taper may be low depending
on the texture design and application. Waviness can still generate more significant effects compared
to radial taper. However, these effects can also be negative depending on the influence of waviness
on the textures.

e With increasing cavitation pressure, hydrodynamic film thickness increases while the cavitation area
ratio decreases. The increase in film thickness is due to the contribution of the increasing cavitation
pressure to the integrated pressure generation.

e Experimental and numerical results correlate well in hydrodynamic regime when realistic contact
temperatures and realistic cavitation pressures are taken into account. The implemented cavitation
algorithm [JFO + FBN] yields good results.

The work can still be improved in many areas. Firstly, some improvements are necessary to detect the
elastic deformations of the seals via LIF method. This method has many advantages but also
complications. One of the main problems is the light distribution and the laser speckles. In the current
work, the influence of the speckles was minimized via calibration. Furthermore, the calibration is
performed only for a small contact area to minimize the error in the measurements due to light
differences. However, for a reliable determination of the elastic deformations, a bigger area should be
investigated. Improvement of the test set-up can lead to a mapping of the bigger contact area.
Consequently, elastic deformations can be investigated in more detail. Investigating a broad set of seal
surfaces would also provide a better statistics and an understanding in elastic deformations.

The film thickness measurements of the non-textured seals are expected to have higher error since the
calibration curve for the structured seals is used for the standard seals too. Due to the fast rotation of
these seals, CCD camera might not be completely effective to record the fluorescence emission. An
improved calibration method and test set-up can provide more reliable results for the non-textured seals.

Secondly, thermographic experiments provide a good insight for the local temperatures in the contact
zone. However, in order to calculate the temperatures of the seal surface, some assumptions are made.
One of them is neglecting the emissivity of the lubricant film. Although, a significant influence of the
thin lubricant film is not expected, the emissivity of the lubricant film shall be investigated. Furthermore,
a detailed work is necessary to detect the error in the measurements. This would provide a better
understanding for future work.

Thirdly, although the surface features are tried to be covered as much as possible in the numerical model,
the data of the scanned surfaces is always reduced due to computational challenges. Furthermore, the
surface scanning tool may generate artificial surface features. These features should always be
investigated carefully and removed. In the current work, dramatically high peaks (either artificial or
real) were removed before simulations. Otherwise these peaks would initially generate a high gap in the
numerical model. In addition, the scanning tool provides the position of the scanned surfaces in an
undefined way. Therefore, the position of the scanned surfaces in relation to the counterface should be
predicted and adjusted. However, this prediction is complicated.

In the numerical model, only one single structure is simulated. In practice, the sealing surface consists
of more than one structures. Each structure would influence the boundary conditions of the next one.
This might influence the film formation although it is not expected to be significant. However, it might
be necessary to simulate the whole seal ring for the calculation of coefficient of friction. This is due to
the non-uniform film distribution and randomly distributed surface features such as burrs and deviations
form flatness.

There are some discrepancies between the numerical and the experimental results. This is due to the
simulation of one section of the seals without considering waviness and radial tilt. In addition, the
cavitation pressure during the operation is not known. The film thickness measurements might contain
errors as stated earlier. However, the simulation and the experimental results are also compared via
cavitation sizes which is more reliable than the film thicknesses. Waviness and radial tilt are shown to
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be important to detect the cavitation morphology accurately. However, they are not influencing the
guantitative results substantially. Cavitation pressure does influence the trend of the results in
hydrodynamic regime. However, the detection of cavitation pressure experimentally can be an
interesting future work.

The influence of surface roughness is investigated by modelling the manufactured surface. On one hand,
it may be a reliable method to cover surface features in a realistic manner. On the other hand, it is not a
sufficient method to simulate a broad range of operating conditions due to computational time. It is
possible to apply mesh partitioning and simulate these sections simultaneously for time saving.
However, this method causes more challenges. For instance, the gap height should be equal at the edges
of a mesh where the periodic boundary conditions are applied leading to more complex pre-processing
routines.

8 OTHER APPLICATIONS and FUTURE WORK

The experimental and the numerical approaches described in this thesis provide reliable results. Thus
they can be used in different applications. Friction behaviour optimization of different machine elements
can be done by optimizing the design, structuring or improving the micro surface features. It is possible
to improve the current numerical method to implement it for EHL lubrication. In this final chapter, a
different application which was analysed in the Institute of Machine Design and Tribology is described.
Following, a future work which will enable an improvement of the numerical method is explained.

8.1 OPTIMIZATION of a ROTARY VANE PUMP via SURFACE TEXTURING
Rotary vane pumps are widely used in engineering applications such as supplying the oil to the internal
combustion engine parts, refrigeration heating and air conditioning. These pumps basically have a cam,
rotor and vanes (Figure 8.1). Vanes are capable to slide into and out of the rotor. They seal on all edges
and generate fluid chambers. The rotor and the cam are designed in a way that the fluid chamber has
different volumes. The increasing volume chambers are filled with the fluid which is driven by the inlet
pressure (system pressure). With rotation the fluid is carried. As the volume of the chamber decreases,
the fluid is driven out of the pump on the discharge side. In this project, the aim is to reduce the friction
losses in this pumps via surface structuring. Structures are planned to be manufactured on the cam
surface.

Figure 8.1: Left: a rotary vane pump. Right: the contact area between the vane and the cam.

The contact between the vane and the cam is a non-conformal contact. This is different than the
macroscopically parallel contact concept. However, the selection of the structures can be performed via
the simulation tools described in the current thesis.
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Figure 8.2: The cylindrical Hertzian contact and the pressure distribution between a vane and a cam
[176].

8.1.1 CALCULATION of the CONTACT AREA
The contact area between the vane and the cam can be calculated by using the formulas for cylindrical
Hertzian contacts (Figure 8.2):

2Fr 2 vi vE 1 1 1
p=2 |20 L Wy 22,2 (8.1)
nLE’ El E, E, T T
Here, F is the load acting on the contact. 1y, r, and r are the radiuses of the vane and the cam and the
equivalent radius, respectively. E; and E, are the elastic modulus of the vane and the cam. E is the
reduced elastic modulus. v; and v, are the Poisson’s ratios of the vane and the cam. Here, the contact

area is calculated as 42 pm for the maximum load conditions (22 bar and 9000 rpm).

8.1.2 SELECTION of the STRUCTURES

Dimple like structures are considered for the sake of manufacturing (Figure 8.3). The width of the
structures (a) should be smaller than 42 um to prevent the internal leakage. On the other hand, the length
of the structures (I) can be longer. The pressure distribution can be manipulated by manufacturing
asymmetrical structures. The density of the structures should not be too high as high density might cause
a rupture of the lubricant film.

z%—»x
y

Figure 8.3: Features of the structures.
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Figure 8.5 shows the numerically calculated pressure generation and cavitation for a dimple at 9000
rpm, 70 °C and 22 bar. The film thickness is set as 0.16 um since it is the expected minimum film
thickness under the given operating conditions. Cavitation pressure is set as 0 kPa. Pressure concentrates
at the converging edge of the dimple. Cavitation covers more than half of the dimple. The structure
features are varied and it is found that:

e The suggested structure depth is < 5 um.

o Elliptical structures lead to higher pressure generation than the circular structures.

e Hexagonally arranged structures (Figure 8.4) result in a higher pressure generation than the
cubically arranged structures.

e Increasing the number of structures yields a rise in pressure generation.
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Figure 8.4: a) Hexagonally arranged structures. b) Cubically arranged structures.

The investigation of the distance between the structures, asymmetrical structures and the influence of
the boundary conditions are still in process.

200 pm
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Figure 8.5: Pressure generation and cavitation in a dimple at 9000 rpm, 70 °C, 22 bar. The film thickness
is set as 0.16 pm. Cavitation pressure is set as 0 kPa.

8.1.3 SIMULATION of a MANUFACTURED SURFACE with STRUCTURES

According to the first results, a structured cam is manufactured. One structure of the manufactured
surface is scanned and modelled. Macro surface irregularities are included to the model. Roughness is
not taken into account. Figure 8.6 shows the pressure generation at 9000 rpm, 70 °C and 22 bar. The
film thickness is set as 0.1 um. Cavitation pressure is set as 0 kPa (This is unrealistic as discussed earlier.
However, an investigation is necessary to determine cavitation pressure for the system in this project.).
Pressure concentrates at the edge of the converging half of the structure as in the dimple. There are
randomly distributed high and low pressure zones over the unstructured areas due to the surface
irregularities. However, there is no visible cavitation within the structure under these operating
conditions. This seems to be due the properties of the manufactured surface.

The manufactured structure is not capable to produce sufficient lifting force at 9000 rpm, 70 °C and 22
bar (Figure 8.7) for 0 kPa cavitation pressure. However, the pressure generation starts to support a thin
film at low pressures. This film may not be sufficient to separate the surfaces completely but the partial
film lubrication can provide a decrease in friction. Higher cavitation pressures can generate higher load
support. However, a cavitation pressure close to ambient pressure seems to be necessary to generate a
considerable load support (see Chapter 6.2.1.5) when the ambient pressure is 22 bar. According to these
results, structuring the cam at high pressure regions might not be useful. Instead, structuring the low
pressure zones might provide benefits in the current application.
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Figure 8.6: a) Manufactured cam surface with a structure. b) Pressure generation for a manufactured
surface section with a structure at 9000 rpm, 70 °C and 22 bar. Film thickness is set as 0.1 um. Cavitation
pressure is set as 0 kPa. c¢) Profile of the manufactured structure.
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Figure 8.7: Pressure generation for a manufactured surface section with a structure at 9000 rpm, 70 °C
and various operating pressures. Cavitation pressure is set as 0 kPa.
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8.2 INFLUENCE of MICROSURFACE FEATURES on LUBRICATION of

PARALLEL SLIDERS

A large number of tribologically stressed components are currently being manufactured from
thermoplastics by injection moulding. The trend is increasing. The motivations are low manufacturing
costs for large quantities, free design, low weight, and good damping properties that reduce vibrations
and noise emissions. In addition, dry running without lubrication is possible within certain limits, which
reduces the corresponding design effort. When selecting and developing thermoplastics, the filler and
the process play an essential role. The primary aim is to increase strength, and secondarily to increase
heat conduction and reduce friction when running dry. The possibilities of tribological optimization
have not yet been fully utilised. In particular, the possibilities for the interaction of fillers and topography
with regard to the tribology of lubricated systems have not yet been developed. Plain bearings, gears,
seals, cages or joints with minimized or direction-dependent friction could be produced.

In the case of dry running, the mechanical properties of the thermoplastic and the counter-body play a
dominant role. In the case of the presence of lubricant, in addition to the mechanical properties, macro-
geometry and kinematics, the micro-geometry (roughness) and the lubricant properties determine
whether, when and in what order of magnitude a lubricant film is built up. In the Institute of Machine
Design and Tribology, it is planned to make and exploratory project to investigate the lubrication of the
thermoplastics by focusing the micro surface features. For this reason, a preliminary work is performed
with the injection moulded sample washers. These washers are made of PAI and contain fillers. Figure
8.8 shows the scanned surface of a washer. The randomly distributed fillers are visible. These fillers
stick out of the surface and some dents are visible around the fillers.

Laser microscope 100x Height distribution - Laser microscope 100x

ol ] 30.22m
: ' ; . 28,000
26,000
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22,000

20,000
18,000

15,536

Figure 8.8: Left; scanned real surface of a washer made of PAI and fillers. Right; height distribution of
the scanned surface.

For the preliminary work, a small piece from the scanned surface was selected to be meshed and
simulated (Figure 8.9). The model has 4 boundary conditions. The boundary conditions 1 and 2 have
application pressures. The boundary conditions in the flow direction are periodic boundaries. Currently,
only the pressure generation and cavitation formation is calculated for a given minimum gap height
without considering elastic deformations.
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Figure 8.9: Left; the selected area of the scanned surface. Right; the numerical model of the selected
area.

Figure 8.10 shows the results for the operational conditions 2,5 m/s, 20 °C and 5 bar. The minimum gap
height is set as 0.5 um. Pressure increases and makes peaks around the fillers. Cavitation is randomly
distributed. It also forms generally around the fillers. The opening force which tries to separate the
friction partners is calculated as 4340 uN while the closing force is 3164 uN. Since the opening force is
bigger than the closing force, it is possible to say that the generated pressure at the contact by the fillers
and the roughness is capable to generate a lift.

pressure (P),
MPa

S

()]
cavitation
fraction, 6

Figure 8.10: Pressure generation and cavitation formation due to micro surface irregularities.

Table 8.1 shows the generated opening forces under different conditions. Even though the elastic
deformations are not included in the numerical model, the surface features are capable to produce a load
support under many conditions. This load support might not separate the friction surfaces completely.
However, it can generate a significant improvement on the friction behaviour.

The preliminary work raises some interesting questions such as:

- Can the scanned machine element surface be used in the simulations? Due to the scanning and
the numerical limitations, just a section of the machine element can be scanned and simulated.
Many researchers prefer to implement flow factors [177,178]. Is it possible to correlate the
numerical results with the experimentally detected coefficient of friction behaviour of the
friction pairs without implementing flow factors? If yes, what is the representative surface size?
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- The bulk material and the fillers have different elastic properties. Can they be assumed as one
body in the numerical approach for the simplicity?
- Do the micro surface features wear off to generate a self-optimization?

The aim in this work is to investigate these questions by using the numerical and the experimental
approaches described in this thesis. By doing this, the numerical method in the current work will be
extended to the elastohydrodynamic lubrication based on the work of Wennehorst [153]. He investigated
soft-EHL contacts by assuming that the peaks of a soft material deform and a very thin film occurs
between the peaks of the friction pair instead of pure solid-solid contact.

Table 8.1: The generated lift under different conditions. Green rows show the conditions at which the
hydrodynamic lift is sufficient to separate the friction pairs while the red row shows the vice versa.

Speed, Pressure, Temperature, Viscosity, Min. gap Opening Closing
m/s bar °C Pa-s height, um force, uN force, uN
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Appendix

APPENDIX A

Calibration curve for the fluorescence measurements

The calibration curve which shows the relationship between the fluorescence intensity and the film
thickness is shown in Figure A-1. The calibration curve shows that the fluorescence intensity increases
linearly with the film thickness up to a film thickness of 40 um. Therefore, the calibration curve can be
used for the structured seals except the deep areas of the structures.
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Figure A-1: The calibration curve which is used in the fluorescence methods. The curve is obtained for
0 rpm, 20 °C and 5 bar.

Reproducibility of the film thickness measurements

Table A-1: Reproducibility of the film thickness measurements

Median value of the fluorescence intensity at 0 rpm, 20 °C and 5 bar.
Seal type: structured, measurement region: flat surface over the structure

first measurement

second measurement

third measurement

1067.862

1068.138

1072

1076.43491

1079.89122

1078.20023

Film thickness values according to the measurement location

Here, the film thickness values shown in Figure 5.34 and Figure 5.35 are compared. It should be noted
that the comparison is not performed for 2500 rpm since the film thickness shown in Figure 5.34 was
not measured at 2500 rpm for the whole selected area.

The film thickness values shown in Figure 5.34 are measured within the calibration area (see Figure A-
2). The film thickness values shown in Figure 5.35 are measured within the film thickness measurement
area. However, for both the film thickness and the calibration areas, the film thickness measurement
values are similar (Figure A-2). This shows that the method which is used to measure the film thickness
provides consistent results. In addition, the calibration seems to be valid for a bigger area.
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Figure A-2: The calculated film thicknesses for the calibration and the film thickness measurement
areas. Pressure is 5 bar. Sump temperature is 20 °C.

APPENDIX B

Infrared thermography
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Coefficient of emissivity of the seal is denoted by &5. Coefficient of transmissivity of the sapphire disc
is denoted by 7. Coefficient of reflectivity of the interfaces environment/sapphire and sapphire/oil are
denoted by p,ir; and p; ,, respectively. Other optical parameters are shown in Table B-1. Emissivity of
the seal &5 is measured by heating the structured seal to different temperatures and measuring those
temperatures via the thermal camera. The temperature of the seal ring is controlled via a thermocouple
which is placed on the seal surface. The seal material and the surface properties have a good emissivity
(almost equal to 1). Since the material and the surface properties are similar for the standard seal, it is
assumed that it has the similar emissivity to that of the structured seal.

Table B-1: Optical parameters

Optical parameter Value
&3, seal emissivity 0.96
7, sapphire disc transmissivity 0.577
g1, sapphire emissivity 0.48
N,ip, air refraction index 1.0029
ny, sapphire refraction index 1.762-1.778
n,, oil refraction index 1.479

The transmissivity of the sapphire is measured by placing a black body behind the sapphire disc. The
black body is heated and the radiative flux is measured through the sapphire disc. A mean value for the
transmissivity is obtained for the measured temperature range. Other parameters given in Table B-1 are
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based on the literature. It should be noted that the oil refraction index is based on the hydraulic oil
measurement in the work of [183].
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Figure B-1: Left: Transmissivity 7 of the sapphire disc. Right: ATR-fiber spectra of ATF oil from Bruker
FTIR spectometer (resolution: AV = 6 cm™) [183].

APPENDIX C

Friction torque measurements including leakage and temperature
Structured seals — test A
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Figure C-1: Temperatures over the circumferences of (a) structured seal 1 and (b) structured seal 2.
‘before’ and “after’ represent the function tests 1 and 2, respectively.
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Figure C-2: Coefficient of friction vs speed and Hersey number for the structured seals. ‘before’
represents the function test 1 of test A.

Structured seals — test B
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Figure C-3: Friction torque (resulted from two structured seals) in Test B. ‘before’ and ‘after’ represent
the function tests 1 and 2, respectively.
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Figure C-4: Axial contact temperatures for the structured seals 1 and 2. ‘before’ and “after’ represent the

function tests 1 and 2, respectively.
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Figure C-5: Temperatures over the circumference of structured seal 1.
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b) Seal 2 - representation of the graph (a) with a detailed scale
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Figure C-6: Temperatures over the circumference of structured seal 2. ‘before’ and ‘after’ represent the
function tests 1 and 2, respectively.
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Figure C-7: Leakage rates for the structured seals 1 and 2 in Test B. ‘before” and ‘after’ represent the
function tests 1 and 2, respectively.
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Figure C-8: Comparison of the coefficient of friction values for the function tests 1 and 2 of the
structured seals. ‘before’ and ‘after’ represent the function tests 1 and 2, respectively. The curves which
represent the behaviour of the smooth surfaces are taken from Test A.
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c) Counterface 1 roughness parameters d) Counterface 2 roughness parameters
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Figure C-10: a) Surface roughness parameters of the structured seals and the counterfaces before and
after the tests.
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Figure C-11: Temperatures over the circumferences of (a) standard seal 1 and (b) standard seal 2.
‘before’ and “after’ represent the function tests 1 and 2, respectively.

Sku



Appendix

0.06 0.06
€005 <005
S S
8 0.04 8 0.04 :
5 0.03 1 S 0.03 1 —
= \ g - —a—a—§ = \ |
D p- 2 %
© 0.02 | = L2 0.02 v
g g
3 0.01 3 0.01
0 0
0 1000 2000 3000 4000 5000 6000 7000 0 0.2 0.4 0.6 0.8
speed Hersey number (po/P)*109
5 bar - before —m—10 bar - before 15 bar - before 20 bar - before

Figure C-12: Coefficient of friction vs speed and Hersey number for the standard seals. ‘before’
represents the function test 1 of test C.
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Figure C-13: Friction torque (resulted from two standard seals) in Test D. ‘before’ represents the
function tests 1 and 2, respectively.
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Figure C-14: Axial contact temperatures for the standard seals 1 and 2. ‘before’ represents the function

test 1.

11



Appendix

temperature over
circumference (T,), °C

temperature over circumference

(Ty), °C

270
250
230
210
190
170
150
130
110

90

70

130
125
120
115
110
105
100

95

90

85

a) Seal 1

T1 - 5 bar - before
—#—T1 - 10 bar - before

T1 - 15 bar - before

T1 - 20 bar - before

0 1000 2000 3000 4000 5000 6000 7000
speed, rpm

b) Seal 1 - representation of the graph (a) with a detailed scale
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Figure C-15: Temperatures over the circumference of standard seal 1. ‘before’ represents the function

test
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b) Seal 2 - representation of the graph (a) with a detailed scale
‘/
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Figure C-16: Temperatures over the circumference of standard seal 2. ‘before’ represents the function
test 1.
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Figure C-17: Leakage rates for the standard seals 1 and 2 in Test D. ‘before’ represents the function test
1.
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Figure C-18: The coefficient of friction values for the function test 1 of the standard seals. ‘before’
represents the function test 1.
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Figure C-19: a) Roughness parameters of the standard seals. c) Surface of a counterface before and after

the tests. ¢) Roughness parameters of the counterfaces.
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Figure C-20: A standard seal surface after the tests.

APPENDIX D

Derivation of p-6 formulation of Reynolds equation
Consider Reynolds equation in 2D for the face seal problem described in this thesis:

i(paﬂma_p) + i(paﬂ;ﬁ a_p) - 6Ua(pavgh) 1)
ox\ u d0x ay\ u dy 0x

Here, the problem is steady state and there is no Couette flow in the y direction. The lubricant is weakly
compressible. The lubricant has the density p for a given pressure. pg,,q is the average density of the
lubricant and cavitation pockets across the film [85]. In the non-cavitated region, p,.,4 is constant and
equal to p. Pressure is higher than cavitation pressure. In the cavitated region fluid is a mixture of
lubricant, gas and vapour. The fluid density p,.,q is lower than or equal to p and it varies both in time
and space. Pressure is equal to cavitation pressure in the cavitating region. These conditions can be
written as below [85]:

(p_pcav)9=01 P — Peav = 0, 0=1- pavg/pzo
6 =0, p> pcay = NO cavitation (2)
6 >0, p=p. ~> Cavitation

In order to find the functional relationship between p and 6, the term 8 should be extracted from eq. (1).
For this, the density parameter in eq. (1) is rewritten as [88]:

Pavg =P — PO ®)

Substituting eq. (3) in eq. (1) gives:

g((p—pe)h36_p>+ i((p—pB)hga_p>

dx u dx dy U dy 4)
d[(p — pB)h
_ oy L0 —pOH
d0x
Finally, it is possible to obtain:
a (pb .0 o (ph3d a (pf .0 d (ph3o
L (%) L (E0R) 0 (20,500 0 (p00p
dx\pu 0x) Ox\ pu Ox dy\u dy/ ody\ u dy )
d(pbh a(h
_ —eU (p )+6U(p)
dx dx
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In eq.(5), the first and the third terms include both the variables p and 6. This results a non-linearity in
the functional connection between the variables [88]. According to the eq. (2), p is constant and equal

to p.qp iNSide the cavitation zone. Also, g—z and z—z are equal to 0 while 4 is greater than 0. On the other

hand, p is greater than 0 and 6 is equal to 0. Therefore, it is possible to conclude that almost everywhere
within the lubricant film (except at the interfaces between cavitated and non-cavitated zones) [88]:

dp dp
6—=0, 0—=
d0x dy
With eq. (6), the first term of the eq.(5) may be neglected in terms of Lebesgue integration without any

loss of generality and when performing the above integrations, reference may be made to the following
equation:

0 (6)

d (ph3d d (ph30 a[(1 — 8)ph
9 (phop) 9 (ph”Op) _ . 9L —O)ph] ()
Ox\ u 0x dy\ u dy d0x
By integrating the eq.(7), the functional relationship can be obtained p and 6.
APPENDIX E
Mesh study
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Figure E-1: Mesh study for the unworn structured seal surface.
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Numerical convergence study

8
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Figure E-2: Convergence study for real geometry. Speed, temperature and pressure are set as 1000 rpm,
20 °C and 5 bar, respectively. Cavitation pressure is set as 0 kPa.

APPENDIX F

Validation of the numerically calculated shear forces

Figure F-1 shows the analytically and numerically calculated shear forces for a parallel and ideally
smooth gap. The calculations are performed for various gap heights. The analytically calculated shear
forces are determined according to eq. (6.5).

14
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Figure F-1: Analytically and numerically calculated shear forces for a parallel and ideally smooth gap.
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